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Abstract 

The design of top compression rings is an important issue that opens research 

possibilities for reducing friction in the field of tribology in Internal Combustion (IC) 

engines. Recent studies show that there is an increasing interest in top compression 

rings’ tribological performance. It is widely known that the piston assembly is a major 

contributor to parasitic losses (up to 40%) and that there is a need to understand its 

lubrication performance and friction mechanisms. In brief, the top compression rings 

suffer from higher friction and wear due to rapidly changing loads and close contact 

in cylinder liners (the sealing function). Because the friction and wear issues affect the 

efficiency of compression rings, it is necessary to investigate the surface topography 

of the ring-cylinder surfaces and lubrication conditions.  

The current thesis supports that goal. Compression rings’ tribological characteristics, 

such as their pressure distribution, lubricant film, friction, power losses and lubricant 

flow rate, were derived and presented for different engine conditions. We used 

numerical models to calculate the ring balance, and we considered the fluid flow 

effects in terms of the Navier-Stokes equations. To include the cavitation, the Half-

Sommerfeld condition and Rayleigh-Plesset volume fraction were considered based 

on a case study. The variation of the lubricant rheological properties due to the 

pressure and temperature have also been taken into account in the overall modelling. 

Particularly, for the non-Newtonian lubricant behaviour, we combined the Navier-

Stokes approach with the power law model. The interaction of the lubricant film and 

the ring domain within a piston groove was modelled, and this model is called the 

Fluid-Structure Interaction (FSI) model. This proposed method allows complete static 

solutions of the 2D ring-liner lubrication problem involving complex geometries. The 

effects of the ring face geometry and the lubricant properties were introduced for this 

analysis. Moreover, CFD models were built, including Navier-Stokes, vapour 

transport (Rayleigh-Plesset equation), asperity interaction (Greenwood-Tripp contact 

model) and thermal effects (comprising ring coating properties). The results obtained 

from the developed 2D models were found to be in good agreement with the 

experimental and analytical data obtained in previous investigations.  

The experimental investigations accomplished within this thesis will permit a proper 

understanding of the piston assembly and compression ring tribodynamics. A test 
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method was constructed in a single-cylinder four-stroke motorbike engine using a foil 

strain gauge. To measure the engine friction, a challenging technique is developed in 

this thesis, and its limitations and robustness are fully described. The friction and 

noise results from the test-rig demonstrate that the contribution of the thin top 

compression ring to the ring pack friction was dominant. This finding shows that the 

thin nature of the top compression ring combined with the lubrication conditions of 

the ring-pack can lead to high total friction, which would induce increased frictional 

losses and contact wear during cold NEDC conditions.  

Therefore, a proposal of artificial surface topography on the ring face width is 

presented and discussed in the present thesis. In practical terms, current challenges for 

improving the tribological behaviour in compression rings require surface 

topographies that are effective in different regimes of lubrication to reduce the friction 

and wear. To solve this problem, we have focused on square-shaped pockets in the 

ring face-width as the main strategy for minimizing the frictional power losses and 

wear of sliding surfaces; the goal is to improve the performance of automotive 

engines. Several different inlets and densities of square pocketed surfaces were 

analysed using a block on a ring test rig. The findings showed that the denser 

pocketed surface was responsible for controlling the lubricant film and wear in line 

contact during mixed lubrication conditions. 

Based on the results from the experiments with textures, we have made a design 

proposal, and it includes the specifications of a texture design in full scale. 

Suggestions for future work include the development of a 3D full simulation 

framework to support a more detailed ring design process, optimization of 

measurement techniques (e.g., the strain gauge method), and square-shaped geometry. 

Keywords: Internal Combustion Engines, Compression rings, Coatings, Mixed 

lubrication, Cavitation, Surface texturing, Friction, Wear 
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Περίληψη 

Ο σχεδιασμός των ελατηρίων συμπίεσης είναι ένα σημαντικό ζήτημα που έχει σαν 

στόχο τη μείωση της τριβής στον τομέα των μηχανών εσωτερικής καύσης. 

Πρόσφατες μελέτες έδειξαν ότι υπάρχει ένα αυξημένο ενδιαφέρον για τις 

τριβολογικές επιδόσεις των ελατηρίων συμπίεσης. Είναι ευρέως γνωστό ότι το 

σύστημα του εμβόλου με τα ελατήρια συνεισφέρει σημαντικά στις απώλειες τριβής 

(περίπου 40%), και για αυτό τον λόγο υπάρχει η ανάγκη να κατανοηθούν οι 

μηχανισμοί λίπανσης και οι μηχανισμοί τριβής στο παραπάνω σύστημα. Πιο 

συγκεκριμένα, τα ελατήρια συμπίεσης υποφέρουν από υψηλή τριβή και φθορά λόγω 

των μεταβαλλόμενων φορτίων και της στενής επαφής στην επιφάνεια του κυλίνδρου 

(λόγω της κύριας λειτουργίας του που είναι η στεγανοποίηση). Έτσι, τα ζητήματα της 

τριβής και της φθοράς επηρεάζουν την απόδοση των ελατηρίων συμπίεσης. Για αυτό 

τον λόγο, είναι απαραίτητο να διερευνηθεί η επιφανειακή τοπογραφία του ελατηρίου 

και του κυλίνδρου, καθώς και οι συνθήκες λίπανσης τους.  

  

Η παρούσα διδακτορική διατριβή υποστηρίζει αυτόν τον στόχο. Τα τριβολογικά 

χαρακτηριστικά του ελατηρίου συμπίεσης, όπως η κατανομή της υδροδυναμικής 

πίεσης στο προφίλ του ελατηρίου, το ελάχιστο πάχος του λιπαντικού, η συνολική 

τριβή, οι απώλειες ισχύος και ο ρυθμός ροής λιπαντικού, αναλύθηκαν και 

παρουσιάστηκαν για διαφορετικές συνθήκες λειτουργίας. Πρακτικά, 

χρησιμοποιήθηκαν αριθμητικά μοντέλα για τον υπολογισμό της ισορροπίας του 

ελατηρίου μέσα στο διάκενο του εμβόλου. Η ανάλυση της ροής του λιπαντικού στην 

επαφή ελατηρίου-κυλίνδρου προσομοιώθηκε με την χρήση των εξισώσεων Navier-

Stokes. Για το φαινόμενο της  σπηλαίωσης, η οριακή συνθήκη Half-Sommerfeld και 

η εξίσωση των Rayleigh-Plesset για τον υπολογισμό του όγκου των υδρατμών 

χρησιμοποιήθηκαν στα μοντέλα ρευστομηχανικής. Επιπλέον, η μεταβολή των 

ρεολογικών ιδιοτήτων του λιπαντικού λόγω της πίεσης και της θερμοκρασίας 

λήφθηκε υπόψιν κατά την προσομοίωση. Ενδεικτικά, για τη συμπεριφορά των 

λιπαντικών με πρόσθετα, οι εξισώσεις Navier-Stokes συνδυάστηκαν με ένα μοντέλο 

ψευδοπλαστικού ρευστού (power law model). Αρχικά, η αλληλεπίδραση του 

λιπαντικού και του ελατηρίου στο αυλάκι του εμβόλου διαμορφώθηκε με ένα 

δισδιάστατο μοντέλο αλληλεπίδρασης λιπαντικού-στερεού. Αυτή η προτεινόμενη 
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μέθοδος επέτρεψε την πλήρη στατική λύση του προβλήματος της πλήρης λίπανσης 

του ελατηρίου συμπίεσης σε δισδιάστατη δομή καθώς και τον έλεγχο της δομικής 

ακεραιότητας του, περιλαμβάνοντας διάφορες σύνθετες γεωμετρίες είτε στο προφίλ 

του ελατηρίου είτε στην επιφάνεια του κυλίνδρου. Συγχρόνως, οι ιδιότητες του 

λιπαντικού λήφθηκαν στατικά κατά την διάρκεια αυτής της ανάλυσης. Στην συνέχεια 

της παρούσας διατριβής και μετά την πρώτη προσέγγιση δημιουργήθηκαν μοντέλα 

υπολογιστικής ρευστομηχανικής προσομοιώνοντας την στενή επαφή του ελατηρίου 

με τον κύλινδρο σε συνθήκες μικτής και υδροδυναμικής λίπανσης με πιο ρεαλιστικές 

οριακές συνθήκες. Στα προτεινόμενα αυτά μοντέλα λήφθηκαν υπόψιν ταυτόχρονα οι 

εξισώσεις Navier-Stokes για την προσομοίωση της ροής του λιπαντικού, το 

φαινόμενο της σπηλαίωσης  (εξίσωση Rayleigh-Plesset), η αλληλεπίδραση των 

τραχυτήτων (Greenwood-Tripp μοντέλο) και οι θερμικές επιδράσεις (που 

περιλαμβάνουν και τις ιδιότητες των επιμεταλλώσεων στο προφίλ του ελατηρίου). Τα 

αποτελέσματα που προέκυψαν από τα παραπάνω υπολογιστικά δισδιάστατα μοντέλα 

έδειξαν καλή ταύτιση με πειραματικές και αναλυτικές προβλέψεις από δημοσιευμένες 

έρευνες σε διακριτά επιστημονικά  περιοδικά. 

Στη συνέχεια της διατριβής, πραγματοποιήθηκαν πειραματικές μετρήσεις σε ένα 

πραγματικό κινητήρα, με σκοπό την κατανόηση της δυναμικής του εμβόλου και του 

ελατηρίου συμπίεσης. Πιο αναλυτικά, αναπτύχθηκε μια πρότυπη μη καταστροφική 

μέθοδος σε έναν μονοκύλινδρο τετράχρονο κινητήρα, τοποθετώντας κατάλληλα 

επιμηκυνσιόμετρα για να μετρηθεί η τριβή του κινητήρα και του ελατηρίου 

συμπίεσης. Ταυτόχρονα ένας αισθητήρας ήχου τοποθετήθηκε κατά μήκος της 

διαδρομής του εμβόλου ώστε να εξεταστεί το φαινόμενο του «χτυπήματος» του 

εμβόλου (piston slap). Οι περιορισμοί και η αξιοπιστία των μεθόδων μελετήθηκαν 

πλήρως, προτείνοντας παράλληλα μια νέα μέθοδος μέτρησης τριβής σε κινητήρες 

εσωτερικής καύσης σε ρεαλιστικές συνθήκες. Η τριβή και ο θόρυβος, που προέκυψαν 

από τις μετρήσεις, παρουσίασαν ότι η συνεισφορά του λεπτού ελατηρίου συμπίεσης 

στην συνολική τριβή του συστήματος ήταν κυρίαρχη, κυρίως στην περιοχή της 

μέγιστης καύσης και της χαμηλής ταχύτητας ολίσθησης. Αυτό το εύρημα έδειξε ότι η 

λεπτή φύση του ελατηρίου συμπίεσης σε συνδυασμό με τις συνθήκες λίπανσης 

μπορεί να οδηγήσει σε υψηλή συνολική τριβή, άρα και σε αυξημένες απώλειες τριβής 

και φθοράς κατά τη διάρκεια κυρίως των συνθηκών εκκίνησης του κινητήρα. 
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Ως εκ τούτου, στην παρούσα διατριβή προτάθηκε και εξετάσθηκε μια τεχνητή 

επιφανειακή τοπογραφία στην επιφάνεια του ελατηρίου συμπίεσης έχοντας ως στόχο 

την βελτίωση του. Πρακτικά, όπως προέκυψε από τα αριθμητικά αποτελέσματα και 

τις πειραματικές μετρήσεις στον κινητήρα, οι τρέχουσες προκλήσεις για τη βελτίωση 

της τριβολογικής συμπεριφοράς στα ελατήρια συμπίεσης απαιτούν μια κατάλληλα 

επιφανειακή κατεργασία που θα μπορεί να λειτουργήσει σε διαφορετικές συνθήκες 

λίπανσης (οριακής, μικτής και υδροδυναμικής) με στόχο την μείωση της τριβής και 

της φθοράς. Για την επίλυση αυτού του προβλήματος, εστιάσαμε σε τεχνητές 

μικροτραχύτητες τετραγωνικού σχήματος ως κύρια στρατηγική την ελαχιστοποίηση 

της τριβής και το έλεγχο της φθοράς των κινούμενων επιφανειών σε ένα κινητήρα, 

όπως είναι το ελατήριο συμπίεσης. Διαφορετικές πυκνότητες και θέσεις 

τετραγωνικών μικροτραχυτήτων με επιμεταλλώσεις και χωρίς  εξετάσθηκαν 

χρησιμοποιώντας ένα δοκιμαστήριο τριβής δίσκου–ελατηρίου. Τα ευρήματα έδειξαν 

ότι η πυκνή τεχνητή επιφάνεια με τετραγωνικές μικροτραχύτητες  και με 

επιμετάλλωση ήταν υπεύθυνη για τον καλύτερο έλεγχο του πάχους του λιπαντικού 

και της φθοράς σε συνθήκες μικτής λίπανσης. 

Εν τέλει, μελλοντικές προοπτικές που προέκυψαν από την παραπάνω έρευνα πάνω 

στο συγκεκριμένο αντικείμενο περιλαμβάνουν τα εξής θέματα: η ανάπτυξη ενός 

τρισδιάστατου μοντέλου για την υποστήριξη με πιο λεπτομερή τρόπο του σχεδιασμού 

του ελατηρίου συμπίεσης, η βελτιστοποίηση των μεθόδων μέτρησης (π.χ. μέθοδος με 

την χρήση επιμηκυνσιομέτρων και η επιρροή της θερμοκρασίας λειτουργίας) και η 

βελτιστοποίηση της τεχνητής μικροτραχύτητας. 

 

Λέξεις-Κλειδιά: Μηχανές Εσωτερικής Καύσης, Ελατήρια Συμπίεσης, Επιμεταλλώσεις, 

Μικτή Λίπανση, Σπηλαίωση, Τεχνητή Τραχύτητα, Τριβή, Φθορά 
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Chapter 1 

Introduction 

 

1.1 General Tribological Aspects of Piston Rings 

Friction, lubrication and wear are topics of great interest in the global automotive 

industry. Therefore, an understanding of piston assembly dynamics is necessary to 

improve fuel consumption and meet stringent vehicle emission regulations for exhaust 

gases, such as nitrous oxide. This trend has led to demands from both governments 

and consumers that are pushing equipment manufacturers to produce fuel-efficient 

vehicles. In 2017, Holmberg et al. [1] showed that parasitic losses are the highest in 

engines and transmissions due to friction. These losses were reported to be 15%-20% 

of all of the engine losses, and a major contribution (nearly 45%) arises in the piston 

assembly. Specifically, the ring-pack assembly is the primary source of friction, and 

according to Richardson et al. [2], the top compression ring is the primary source of 

frictional losses: it causes between 13% and 40% of these losses, depending on the 

engine type and running conditions. Thus, mitigating ring frictional losses would 

improve fuel efficiency, which is in fact the key to engine downsizing. 

Although the working principle of the piston assembly is relatively simple, a short 

description is given as follows (Fig. 1). The piston assembly consists of the piston 

skirt, the top compression ring, the second compression ring (or scraper ring) and the 

oil-control ring. 



Tribology of Top Compression Ring 

Anastasios Zavos                     2 
 

 

Fig. 1. Typical piston and ring-pack layout. 

The design of the piston assembly is essential, as it is subject to a growing list of 

mandatory regulations according to the type of engine, e.g., heavy-duty diesel engines 

or light-duty vehicles. The piston assembly has a primary reciprocating motion that is 

referred to as the piston axial motion. Due to the small piston-cylinder gap, the piston 

group undergoes a secondary motion. This motion consists of both the movement 

perpendicular to the cylinder and piston pin (piston lateral motion) and the rotation 

around the piston pin (piston rotational motion). Furthermore, the produced moments 

and forces on the piston assembly are also responsible for the secondary motion. In 

this paper, we denote et and eb as the piston eccentricities at the top and bottom of the 

piston skirt [3], respectively.  

Because piston rings offer the benefits of both improved fuel economy and reduced 

emissions, they are increasingly being adopted across all vehicle categories. First 

piston rings or top compression rings are critical mechanical components (Fig. 2) that 

account for 1%–3% of the fuel consumption [4].  

Top Compression ring 

Scraper ring 

Oil control ring 
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Fig. 2. Top compression ring layout. 

This trend occurs due to the top compression ring’s close contact with the cylinder 

surface to seal the in-cylinder pressure from the bottom end of the engine (sealing 

function). Furthermore, the compression ring is designed to make the necessary 

minimum lubricant film for preventing scuffing and to release combustion chamber 

heat along the cylinder wall. At high loads and low engine speeds, the lubricant film is 

sufficiently thin that hydrodynamic lubrication cannot occur. Therefore, the ring 

surface asperities at the contact may be strongly influenced by metal-to-metal contact 

(dry friction). As the ring approaches the hydrodynamic condition, the engine 

frictional losses are dominant because of the viscous friction at the interface between 

the ring and the cylinder liner. Additionally, an awareness of the existence of different 

lubrication conditions on the compression ring is critical to understanding complex 

tribological phenomena. This thesis, which addresses the automotive engine tribology, 

aims to provide a complete transient compression ring tribology/dynamics analysis.  

1.2 Tribology of Compression Ring Conjunction 

The tribology of the top compression ring–cylinder liner conjunction has been of great 

importance for many years. This contact is one of the most complex to analyse 

because of the transient nature of this conjunction and the variation of the regimes of 
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lubrication, as mentioned by Castleman [5]. The complex ring motion is responsible 

for the loss of sealing with the ensuing frictional loss and blow-by [6].  Many factors 

need to be addressed simultaneously, including conjugating surfaces (face geometry 

and topography), gas blow-by, transient lubrication and ring dynamics.  The result is a 

very complex multi-variate problem for the design process [7]. Furuhama [8, 9] is one 

of the first researchers who presented numerical and experimental investigations for 

the tribology of the ring-liner system. These pioneering studies showed that the ring-

liner interface is subjected to transient lubrication in terms of the load and 

temperature. This observation was also reported by Downson et al. [10], Jeng [11], 

Akalin et al. [12] and Mishra et al. [13].  The total friction, the minimum film 

thickness and the generated frictional losses were predicted using the basic lubrication 

theory of Reynolds within the contact. Other researchers have focused on the lubricant 

transport between the lands of rings through ring-bore conjugating surfaces. For 

instance, Ruddy et al.  [14],  Ma et al. [15]  and Gulwadi et al. [16] studied various 

oil-transport models, and they found that the oil-control ring design, the cylinder liner 

profile and the ring dynamics motion play a significant role in the tribological 

characteristics of the ring-pack system. Gore et al. [17], Rahmani et al. [18, 19] and 

Morris et al. [20, 21] also studied the ring-liner conjunction with an emphasis on the 

bore circumferential out-of-roundness or wear, ring face geometry and thermal 

transient conditions. These authors provided a complete set of engine data for their 

investigations. Moreover, they indicated that the profiles of the ring-liner contact 

surfaces throughout the thermal conditions may strongly affect the mechanisms of 

friction generation through film thickness during a typical engine cycle. 

With respect to the lubricant flow into the contact conjunction, Arcoumanis et al. [22], 

Priest et al. [23, 24] , Sawicki and Yu [25], Chong et al. [26] and Shahmohamadi et al. 

[27-29] have investigated various cavitation models. These authors found that this 

trend affects the load carrying capacity of the conjunction, as well as the generated 

friction and heat transfer. Finally, another crucial influential parameter is elastic-ring-

model behaviour comprising in-plane and out-of-plane ring motions within the piston 

groove. Tian [30, 31] and Baker et al. [32, 33] created comprehensive ring 

tribodynamics models that provide more realistic numerical results. This situation 

affects the ring’s sealing function due to the flutter or twist which is, in fact, the ring’s 

primary operation. 
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1.3 Artificial Textured Compression Rings 

Several promising methods have been dedicated to the friction reduction of a top 

compression ring-liner system. There have been a wide variety of proposals, including 

surfaces with modified topologies and lubricants with (nano) additives. Various 

manufacturing methods have been applied in a wide range of applications to improve 

the tribological performance. One of the main examples affecting the piston/cylinder 

system is the honing of the inner surface of a cylinder liner. Honing is the most 

common pattern on a cylinder wall. The MAN B&W and Wartsila companies have 

used this method to reduce the need to purchase new cylinder bores. Particularly, the 

corresponding patterns created by the honing process are cross-hatched grooves that 

are deeper than the surface roughness [34]. This trend has proven to be effective, as it 

results in lubricant availability upon scuffing. However, in the last two decades, 

textured compression rings have been shown to be quite beneficial for reducing the 

friction and contact wear. 

It is well-known that the tribological behaviour of a ring-liner can be determined by 

three lubrication regimes (boundary, mixed and full-hydrodynamic). As a result of the 

transient nature of the ring-liner contact and the variations in the applied combustion 

load, the percentage of the lubricant film is instantaneously altered, which leads to 

overall friction and contact wear increments on the engine performance. Therefore, 

the surface texturing has been acknowledged as a significant design feature. Under 

boundary and mixed regimes of lubrication, micro-dimples may act as micro-

reservoirs to retain and release lubricant into the contact. As the sliding speed is 

increased, micro-features can create a hydrodynamic lift due to the Rayleigh bearings 

effect forming thicker lubricating films. Hamilton et al. [35] are among the first 

researchers who recognized the beneficial effect of the surface texturing in the 

rotating shaft-seal performance: they have demonstrated a sliding friction reduction 

due to increased load support. Afterwards,  Etsion and co-workers [36-39] presented a 

range of studies showing the effects of the surface texturing on the ring-liner contact 

under hydrodynamic lubrication, and they achieved crucial findings about the 

tribology of compression rings. Initially, these authors showed that partially textured 

flat rings have a remarkable friction reduction of 25% relative to fully textured and 

barrel-shaped untextured piston rings [38]; later, they presented the performance of a 

partially textured flat ring and untextured barrel-shaped ring using a 2500 cm3 four-
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cylinder diesel engine. Under these engine conditions, it was found that partially 

textured flat rings exhibited a substantial fuel consumption reduction of 4% [39]. 

Tomanik et al. [40] also introduced some improvements in mixed and hydrodynamic 

regimes of an engine tribo-system. These authors accounted for the influence of 

partial and full texturing patterns, and they found that a textured flat oil-control ring 

has superior tribological performance because of the lubricant reservoir at dead 

reversals. The experimental investigations include a plethora of interacting parameters 

that must be considered to support textures’ working operation. For instance,  Qiu and 

Khonsari [41], Grabon et al. [42], Ramesh et al. [43] and Hua et al. [44] examined 

different types of dimples and lubrication regimes and found that the operating 

conditions and dimple geometry affect the load carrying capacity and wear. This trend 

would result in optimal dimple design parameters for various tribological applications. 

Nevertheless, a more realistic analysis can impose comparisons with realistic ring 

shapes. New demonstrations of the surface texturing effects on ring-liner conjunctions 

have also been made by Morris et al. [45, 46], Vlădescu et al. [47, 48] and Shen et al.  

[49, 50]. They presented full data of test rigs showing the procedure of the film 

thickness and friction measurement. These researchers presented full data of test rigs 

that show the procedure of the film thickness and friction measurement, they 

examined a range of textures with different designs in all lubrication conditions, and 

they compared experimental measurements of friction with numerical predictions, 

which showed good agreement.  These experimental results proved that textured rings 

can lead to slighter friction. The increased load support and lubricant reservoir were 

also determined by representing the mechanisms of the surface textures within the 

mixed-lubrication contact. Despite the current investigation, little is known regarding 

the mechanisms through which the surface micro-topography affects the friction, as 

there is a lack of experimental measurements. To address this shortfall, the present 

thesis describes the impact of surface textures or pockets on the film thickness and 

friction under numerical and experimental conditions that closely simulate a piston 

ring-liner contact. 

1.4 The Impact of Testing in Ring Tribology 

Because the total friction and minimum lubricant film have a vital role in the 

tribological engine characteristics, motored and fired cylinder systems are extensively 

used to validate the theoretical studies of typical ring–liner systems. In their 
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pioneering study, Furuhama and Sasaki [51] first measured the total friction on the top 

compression ring under motored conditions using a floating liner. Wakuri et al. [52] 

used the same method to estimate the total friction of a piston assembly in a diesel 

engine. The impact of the engine speed and lubricant viscosity was demonstrated to 

elicit an understanding of the tribological performance of the ring-pack under 

idealized operating conditions.  Later, Akalin et al. [53] presented the performance of 

a barrel-shaped ring using a motored engine system for measuring the friction under 

mixed lubrication conditions. These authors used a strain gauge sensor to capture the 

friction.  To study certain individual interactions, such as the topography, including 

coatings, lubricant types, contact temperatures and their combinations, several sliding 

tribometers have been developed.  Ting [54], Truhan et al. [55] and Gore et al. [56] 

presented slider test rigs to investigate the tribology of the ring-bore conjunction: they 

built motored sliding tribometers by including realistic ring and liner components, 

which determined the main ring’s frictional and wear behaviour. Sliding tribometers 

have also been expanded to study the effect of lubrication cavitation [57] and ring -

surface scuffing [58]. 

To obtain a better understanding of the interactive tribological phenomena, more 

emphasis should be given to the ring-liner lubricated contact under realistic firing 

conditions. Early experimental studies include the works of Yoshida et al. [59] and 

Takiguchi et al. [60], who derived the film thickness and friction mechanisms under 

realistic engine conditions. The results were promising evaluations of the tribology of 

the ring-liner interface. More recently,  Gore et al. [61], Kirner et al. [62] and 

Söderfjäll et al. [63] experimentally addressed the ring-liner performance under fired 

engine conditions to determine the minimum film thickness, friction and piston 

secondary motion. These researchers used a complete set of high-performance engine 

data for their experiments. The first researchers measured the forces through an 

improved floating liner by applying piezoelectric load sensors under different loads in 

a motorcycle engine. It was found that the boundary friction accounts for a large 

proportion of the total friction in a full engine cycle. This study was extended by 

Kirner et al. [62], who used a laser-induced fluorescence method to determine the film 

thickness in a ring-pack system. The complexity of the piston’s secondary movement 

and the pressure conditions along the ring pack have been reported using a modified 

piston. With respect to the oil flow in the ring pack, a Computational Fluid Dynamics 
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(CFD) analysis was built and compared with the experimental data, and a high degree 

of accuracy was achieved. The work of Söderfjäll et al. [63] revealed how the friction 

was varied by the ring-pack system under realistic speeds using a novel test rig in a 

heavy-duty diesel engine. These authors discovered that the oil-control ring can affect 

the running conditions of the two top rings. 

1.5 State of the Art Technology 

In the automotive industry, an understanding of ring dynamics is necessary to improve 

the fuel consumption and thereby conform to severe environmental regulations, such 

as the EURO-IV emission standards. In 2009, the EU member states decided to 

reduce their CO2 emissions by at least 20% until 2020. As a result, emissions of 95 g 

CO2/km are the limit for new models of vehicles. The reduction of CO2 emissions and 

the fuel consumption are the key subjects in the development of high-performance 

engines [64].  

Currently, Internal Combustion (IC) engines are being downsized with the highest 

firing pressures. This trend increases the overall thermal and mechanical stresses on 

engine components, such as pistons, piston rings and cylinder bores. New 

technologies have paid special attention to improving the parasitic frictional losses of 

an engine through cylinder deactivation [65], a start/stop system [66] and lubricants 

with (nano) additives [67]. However, significant progress has been made on this front 

on piston-ring pack profiles and materials for friction and wear control. Placement of 

the compression ring close to the cylinder bore will reduce the oil loss and allow 

higher friction and contact wear. Thus, there are some practical applications, as the 

suitable compression ring coating material and artificial surface topography can 

improve the lubrication conditions within the contact. The coating material selection 

is a vital preventive measure in designing a compression ring. It is recommended that 

ring coatings be made of high-conductivity materials that can evenly distribute the 

heat and avoid scuffing. This type of artificial topography could also be identified to 

mitigate frictional losses. The overall friction problem within engines’ piston rings 

can be remedied through appropriate ring design, which is the subject of the current 

thesis. 

1.6 PhD Thesis Objectives 

The primary objectives of this thesis include the following: 
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• The development of advanced numerical models to simulate the tribological 

performance of a top compression ring conjunction operating under mixed-

hydrodynamic-lubrication conditions. The fluid-structure interaction, thermal 

effects and cavitation flow are introduced to support the general compression 

ring design analysis in the field of the Tribology of Internal Combustion (IC) 

engines.  

• Extending the solution framework to worn and textured coated compression 

rings. The physical tribological phenomena occurring on such conjugating 

surfaces are investigated.  

• The development of an experimental test rig based on a single-cylinder four-

stroke motorbike engine for friction and noise measurements. In this case, the 

friction of the piston ring pack is evaluated using a strain gauge sensor with 

minimal cylinder modification. Although the described technique shows 

significant promise, it is challenging; future research will improve on the 

current technology, which will result in faster measurements in a fired engine. 

The experimental methodology is also coupled with the tribological 

performance of the piston assembly in terms of the friction and noise. 

• The proposal of square-textured surfaces for reducing the friction and wear 

control. The effect of a square pockets shape on mixed lubrication 

performance in line contact is determined. Particularly, several inlet positions 

and densities are adopted throughout the work to describe the physical 

mechanisms for different lubrication conditions. 

1.7 PhD Thesis Contributions 

The major contributions of this thesis are highlighted in the following topics:  

• The development of a 2D Fluid-Structure Interaction (FSI) model comprising 

the Navier-Stokes equation, rheological properties (power law model) and ring 

structural integrity. This proposed method allows the complete static solutions 

of the ring-liner lubrication problem involving complex geometries. (Papers 

[1-4, 6]). 

• Analysis of the cavitation flow and coating effect to solve the full thermo- 

mixed hydrodynamics of top compression rings. Computational Fluid 

Dynamics methods have been demonstrated to be the most appropriate and 
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trustworthy. In particular, the cavitation flow can potentially describe the 

textured ring tribological performance in terms of the hydrodynamic pressure 

and friction. Furthermore, the ring-liner conjunction can be improved with the 

addition of coating effects, leading to better predictions in thermo-mixed 

lubrication conditions. (Papers [7-8]). 

• The application of the proposed numerical solutions to investigate the thin-

top-compression-ring performance of a single-cylinder four-stroke motorbike 

engine. Particularly, experimental measurements of the friction and noise for a 

detailed understanding of the piston assembly and compression ring 

tribology/dynamics during the cold NEDC phase are addressed. (Papers [9-

10], [19-20]). 

• Analysis of textured surfaces with square pockets using block-on-ring tests. In 

practical terms, the denser pocketed sample showed the best performance in 

line contact in terms of the film thickness and wear during the running-in 

period. (Paper [5]). 

 

An overall presentation of the major contents proposed in the present thesis is given in 

Fig. 3. The simulation models of the ring-liner lubrication problem from the 

tribological point of view (friction, lubrication and wear) are provided. A detailed 

view of the experimental methods developed in this thesis is presented, as well. The 

original contributions are also highlighted in blue. 
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Fig. 3. Overall presentation of the major contents and contributions in the present thesis. 
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1.8 PhD Thesis Innovation 

The innovations of this thesis can be summarized in the following points:  

• A fully combined thermo-elasto-hydrodynamic fluid-structure model for 

coated intact and artificially textured compression piston rings, which includes 

wear and cavitation models, is the first critical result of this thesis. This 

innovative point is additionally supported by using the Arbitrary Lagrangian 

Eulerian (ALE) algorithm on the moving ring nodes boundary to optimize the 

element shapes and to achieve the optimum solution.  

• The experimental measurements of the cylinder deformations as the piston 

assembly passes in a single-cylinder fired engine using a strain gauges 

methodology and the signal filtration using the Hilbert Huang transformation 

comprise the second result of this thesis.  

• There are two key innovative points of this thesis. First, the proposal of 

textured surfaces with square pockets in terms of their densities, sizes and 

positions in the trailing and leading edges of the compression ring. Second, the 

experimental and numerical validation, which leads to lower friction and wear 

amounts in internal combustion engines.  

• The generosity of the above methodology, which could be applied to several 

other tribo-pairs, such as gears, journal bearings, rolling bearings, and turbo 

compressors, is also an asset of the thesis. The artificial texturing under certain 

operating and geometrical conditions enables the friction reduction, lower 

emissions and lower energy consumption. To achieve these features, a 

systematic approach to examine the flow, the thermal and elastic problem, and 

the cavitation possibility under mixed and/or hydrodynamic lubrication is 

required; the steps are analytically presented and discussed in this thesis. 
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1.9 Overview of PhD Thesis  

This thesis is organized as follows: in Chapter 2, the basic lubrication activity that 

occurs in ring-liner conjunctions is explained. This section is divided into four parts, 

namely, hydrodynamic lubrication, mixed-lubrication, lubricant rheology and the 

piston ring model. The last part of Chapter 2 includes the primary investigations in the 

ring-liner conjunction for complex geometries. Specifically, the conjugating surfaces 

and main design parameters are determined to promote the design process of the top 

compression ring. 

Chapter 3 is dedicated to support all of the numerical techniques employed to 

complete the lubrication theory described in Chapter 2. This part has a supportive role 

in the present thesis. First, the fluid-structure interaction is presented, and it comprises 

the lubricant flow (fluid) and ring (solid) domains. Then, the methodology of the 

fluid-structural model is addressed, including the input boundary conditions and the 

main convergence criteria. Subsequently, analysis of the cavitation flow and coating 

effect for solving the full thermo-mixed ring-liner lubrication problem is developed. 

The fluid domains and the methodology for the general calculation of the 

hydrodynamic problem in textured geometries are considered. Furthermore, we 

describe the interaction modelling of the ring coating and lubricant flow. To that end, 

Chapter 3 provides validation by the numerical and experimental results of similar 

investigations of other researchers. Simultaneously, the original contributions of the 

proposed numerical methods are highlighted in bullets to summarize the impact of the 

present thesis. 

Chapter 4 presents different numerical studies involving the simulation of actual ring-

liner systems. The main intention of this chapter is to investigate the effects of the 

lubricant viscosity, conjugating surfaces, contact temperature and cavitation into the 

ring-liner gap. Furthermore, the major contributions of the extracted results are 

enumerated in the final section of Chapter 4.  

In Chapter 5, experimental investigations of a single-cylinder four-stroke motorbike 

engine are presented. These investigations are followed by a section that outlines the 

remarkable impact of the square-pocketed surfaces in line contact. Particularly, a 

challenging technique using a foil strain gauge is developed to measure the friction by 

transmitting cylinder deformations. The effectiveness of the method is also 
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highlighted using noise measurements. Next, Chapter 5 ends with experimental tests 

in square-shaped surfaces for improving the friction and contact wear. Finally, the 

study’s most significant conclusions and future trends are stated and summarized in 

Chapter 6. 
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Chapter 2 

Lubrication Theory 

 

2.1 Hydrodynamic Lubrication Model 

The complex nature of lubricant flow in the compression ring-liner interface requires 

a series of multiphysics analyses. In this section, the numerical modelling of fluid 

flow in hydrodynamic regime including lubrication cavitation under isothermal and 

thermal effects will be presented. A detailed overview of the Navier-Stokes approach, 

energy equation and vapour transport model will be discussed throughout the present 

thesis. 

 

2.1.1 Navier-Stokes Equations 

The lubricant flow within the ring-liner interface is governed by the 2D Navier-Stokes 

equations. The Navier-Stokes equations, developed by Navier, Poisson, Saint-Venant, 

and Stokes between 1827 and 1845, can be derived from the basic continuity and 

momentum equations applied to properties of fluids [68]. The conservation equations 

for incompressible and isothermal flows are expressed by the continuity equation: 

( ) 0
t





+  =


         (1) 

and the momentum equations: 

( ) ( ) ( )v vv p g F
t
   


+  = − +  + +


      (2) 

where ρ is the fluid density, v is the fluid velocity vector, p is the fluid pressure,   is 

the viscous stress tensor, g  is the gravitational forces and F  is the external body 

forces. The fluid velocity vector is given by, ˆˆ ˆ= + +x y zv v i v j v k , taking into account 

the following parameters: vx is the component of fluid velocity in the x-direction; vy is 

the component of fluid velocity in the y-direction and 
zv corresponds to the z-

component of fluid velocity. In addition, the viscous stress tensor can be written as:  
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where μ is the lubricant dynamic viscosity and the second term 
2

3
  I  is the effect 

of volume dilation. Eqs. (1) – (3) were solved with the Computational Fluid 

Dynamics (CFD) code of the ANSYS, utilising a Finite-Volume Method (FVM). 

 

2.1.2 Energy Equation 

The energy equation for the laminar flow of lubricant through the ring-liner interface, 

which is solved in the incompressible case with heat transfer in the ANSYS 

Multiphysics environment, can be written as: 

( ) ( ) ( ) ( ) ( )p x p y p V

T T
c T v c T v c T k k Q

t x y x x y y
  

      
+ + = + +

      
    (4) 

where is the T static temperature, xv , yv   are the components of the fluid velocity and 

VQ  is the volumetric heat transfer within lubricant flow. k and cp are the thermal 

conductivity and the specific heat capacity for fluid and non-fluid elements, 

respectively. Eq. (4) was solved by utilising the ANSYS Multiphysics code. Under 

thermal effects, the Navier-Stokes and energy equations were accounted for. 

Regarding the isothermal case, the energy equation was ignored. 

 

2.1.3 Fluid Film Cavitation Model 

Applied load, sliding speed, and temperature are factors that affect lubrication 

cavitation or lubricant film rupture in the ring-liner interface, representing lower load 

carrying capacity and higher friction. This phenomenon can lead to remarkable 

erosion damage in the ring and liner profiles. Therefore, in order to improve the 

tribological characteristics of compression rings, it is important to understand this 

mechanism. The main mathematical methods of cavitation modelling will be here 

adopted. Afterwards, more emphasis will be given on the two-phase flow model 

proposed by Rayleigh-Plesset equations that will be comprised with the Navier-Stokes 

approach in the present thesis.  
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2.1.4 Types of Lubrication Cavitation and Modelling  

Gaseous cavitation, vapour cavitation and pseudo-cavitation are the primary types of 

fluid cavitation in lubricated mechanisms [69]. Gaseous cavitation is a phenomenon 

that occurs when the static pressure falls below the saturation pressure of the non-

condensable gas dissolved in the liquid film. This type of cavitation can be created in 

lubricated systems operating under steady state conditions (low transient lubrication 

regimes). This also takes place in a short time and does not cause erosion damage 

such as vapour cavitation. Moreover, this phenomenon can produce a lot of noise and 

fluid degradation through oxidation [70]. On the other hand, vapour cavitation has a 

critical effect in lubricated mechanisms under higher transient lubrication regimes, 

when the local static pressure of the liquid drops below the saturated vapour pressure 

of the liquid at a given temperature. Actually, the collapse of bubbles increases the 

local static pressure at contact. This process takes place in micro-seconds (speed of 

sound). As a result, the corresponding pressure and temperature can reach in a very 

high level at the surface of the bubbles. Therefore, these rapid implosions of vapour 

bubbles can cause serious surface damage such as erosion (Fig. 4). Finally, pseudo-

cavitation has similar effect as gaseous cavitation, but the gas bubble expands due to 

its surrounding depressurization without the addition of mass within the cavitation 

zone. This is usually caused by air entering the pump inlet. 

 

Fig. 4. Experimental photo of a top compression ring with erosion damage from the cavitation 

phenomenon. 

Vapour cavitation is extremely sensitive in the diverging region of the lubricant film 

between the compression ring and the cylinder wall. This phenomenon is possible to 

create significant differences in hydrodynamic pressure, film thickness, and friction in 

ring-liner system. Nowadays, well-established formulations were studied to evaluate 

the location of the lubricant cavitation or film rupture. Gümbel (or half-Sommerfeld) 

model [71], Swift-Steiber (or Reynolds) model [72, 73], Jakobsson, Floberg and 

Erosion damage 
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Olsson (JFO) model [74, 75], Elrod-Adams (or p − ) model [76] and vapour 

transport model (or Rayleigh-Plesset volume fraction) [77, 78] are most commonly 

methods, which are used in the literature. The first four mathematical models were 

combined with the Reynolds equation. The 1D classic Reynolds equation was derived 

from the Navier-Stokes equations by using fundamental assumptions from the 

lubrication theory by Reynolds in 1886 [79].  

Appendix A tabulates the relevant works by researchers working with lubricant 

cavitation in piston ring conjunction. The focus of each study, the cavitation models 

and the concluding remarks are clearly presented. The references are provided in 

chronological order. Finally, it is important to note that experimental measurements of 

cavitation in piston rings should be carried out in order to generate validation data for 

simulations. This trend would results in more realistic data on top compression ring 

tribological characteristics [23].  

 

2.1.5   Vapour Transport Model  

The two-phase flow within the cavitation zone of the ring-liner interface is a 

combination of liquid and vapour. The liquid-vapour mass transfer is obtained by the 

following vapour transport equation: 

( )
.( )v v

v v v e c

a
a V R R

t





+ = −


                                                            (5) 

where v  is the vapor density and vV  is the velocity factor of the vapour phase. eR  

and cR
 
are mass transfer parameters by including the growth and collapse of the 

vapour bubbles accordingly. The growth and collapse of a bubble is obtained from the 

Rayleigh-Plesset equation, showing the growth of a single vapor bubble in a liquid 

film, which introduces the rate equation providing the vapour generation: 
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Afterwards, the analysis of Singhal et al. [80] presented a modified form of equation 

which is defined the vapour mass fraction massf  as: 
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         (7) 
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where m  is known as mixture density and   represents the diffusion coefficient. The 

mass transfer rates terms are taken from the Reyleigh-Plesset equations, which are 

based on the limited bubble size considerations (interface surface area per unit volume 

of the vapor). These expressions are functions of the local pressures and are given as: 

,

2( )

3

ch sat
e e l u mass

l

V p p
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−
=         for                 satp p      (8) 
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−
= −         for                            satp p     (9) 

with the parameters l and u represent the liquid and vapor phases accordingly. satp  is 

the liquid saturation vaporization pressure, chV  is a characteristic velocity, z  is the 

surface tension coefficient of the liquid and eC , cC  are empirical parameters which 

are assumed to be 50 and 0.01 related to the work of Kubota et al. [81]. Eqs. (5) − (9) 

were solved with the CFD code of the FLUENT suite. 

 

2.2 Mixed-Lubrication Model 

Lubricant film has a significant impact between the ring profile and the cylinder wall. 

However, the transient nature of the ring-liner contact, and the lubricant film rupture 

would be contributed to mixed and boundary regimes of lubrication. Thus, the direct 

contact of the two surfaces is predominant. As a result, a part of the applied load on 

ring face-width is supported by surface asperities. In this section, the mathematical 

modelling of mixed-lubrication will be described, showing greater focus on the 

stochastic model of Greenwood-Tripp (GT) for the asperity contact interactions. 

 

2.2.1 Asperity Contact Model 

The first work by Greenwood and Williamson [82], and the extended by Greenwood 

and Tripp  [83] were used in many published reports in order to estimate asperity 

contact in piston ring conjunction. In fact, the surface topography changes during 

engine running-in, which can affect the load carrying capacity through lubrication 

regimes into the ring-liner interface. Previous studies of Tomanik et al. [84], Jeng et 

al. [85], Spencer et al. [86] and Leighton et al. [87]  have tried to investigate the 

changes of the ring surface topography during running-in of the engine. More 
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comprehensive models that can analyse the surface topography problem for both 

Gaussian and non-Gaussian surfaces were presented showing the impact of the actual 

surfaces on friction.  

In this work, the asperity height distribution is assumed to be Gaussian, based on the 

Greenwood-Tripp (GT) asperity contact model. The load carried by surface asperities, 

cW , and the asperity contact area, cA , can be expressed as: 

 

( ) ( )

( ) ( )

2 '

5/2

22

2

16 2

15
c s

c s

W E AF

A AF


  



  


=




=

           (10) 

 

where E' is the equivalent elasticity modulus of the contacting surfaces (ring and 

cylinder liner accordingly) expressed by 
2 2

'

1 ν 1 ν2 ring cyl

ring cylE E E

− −
= +  and 2 oA r b=  is the 

apparent contact area where or  is the nominal bore diameter. The expressions   

and 


 are the corresponding parameters of the counterfaces, where σ represents the 

Root Mean Square (RMS) of two contact surfaces (
2 2

ring cyl  = + ). The 

dimensionless parameter   is called as roughness parameter, and 


 is known as 

a measure of a typical asperity slope. These parameters can be obtained using 

topographical measurements techniques. 

The statistical functions 
5

2

( )sF  , 2 ( )sF   are also obtained as a relation of the 

Stribeck lubricant film parameter: 
( ), ,

s

h x y t



=   [88]. The general form of these 

statistical functions is expressed as:  

2

2
1

(λ ) ( )
2

s

s

j

j s sF s e ds






−

= −          (11) 

In this study, the corresponding functions 
5

2

( )sF  and 2 ( )sF   are fitted to simple 

mathematical formulas, based on a fifth-order polynomial curve, and expressed as 

[89]: 
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5 4 3 2

5/2 ( ) 0.0046 0.0574 0.2958 0.7844 1.077 0.6167s s s s s sF      = − + − + − +    (12) 

5 4 3 2

2 ( ) 0.0018 0.0281 0.1728 0.5258 0.8043 0.5003s s s s s sF      = − + − + − +    (13) 

 

2.3 Lubricant Rheology Properties 

High-performance combustion engines have led to a new generation type of 

lubricants. Particularly, an engine lubricant consists of a base oil and a significant 

number of (nano)additives. Consequently, the relevant factors are modified according 

to the lubricant type and operating engine condition. The degradation of lubricants has 

also major consequences for rheology parameters in gasoline engines. Therefore, the 

lubricant density and dynamic viscosity could be both affected by the lubricant 

temperature with the piezo-viscous behaviour into the ring–cylinder gap. In this 

analysis, under isothermal flow, the viscosity-pressure and density-pressure effects 

are considered for the corrections of the lubricant properties. Furthermore, concerning 

the thermal effects, the correlation between the viscosity-temperature and the density-

temperature are also accounted for. Accordingly, for the non-Newtonian oils 

behavior, the power law fluid model is taken into account, which acts in non-

Newtonian shear for the piston ring problem.  

 

2.3.1 Viscosity and Density Models with Pressure and 

Temperature Effects 

The variation of lubricant viscosity with generated pressure (
hydp  in Pa) and contact 

temperature ( avT in K) has been studied extensively by Houpert [90]: 

( )
8

138
exp ln 9.67 1 1

138 1.98 10

o oS Z

hyd aav
o

o

p pT

T
  

−  −   − 
 = + + −    

−       

              (14) 

where  is the nominal dynamic viscosity, oT  is the initial (bulk) lubricant 

temperature and avT  is the contact lubricant temperature. oZ  and oS  are also the 

corresponding parameters of lubricant according to the work of Gohar and Rahnejat 

[3], and given as: 
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( )95.1 10 ln 9.67

o
o

a
Z


−

=
 +

        (15) 

( )138

ln 9.67

o o

o

o

T
S





−
=

+
         (16) 

where ao and o  are the piezo-viscous and thermo-viscous terms, respectively. 

Regarding the lubricant density variation, the equation by Yang et al. [91] is used as: 

( )
( )

( )
10

3

9

6 10
1 1 0.65 10

1 1.7 10

hyd a

av o

hyd a

p p
T T

p p
 

−

−

−

  −
   = + −  −  +  −
 

    (17) 

 

2.3.2 Viscosity for Non-Newtonian Fluids 

The shear stress of incompressible Newtonian lubricants is proportional to the rate-of-

deformation tensor D  : 

  D =            (18) 

where D is expressed by 

 
j i

i j

u u
D

x x

  
= +    

          (19) 

and μ is the dynamic lubricant viscosity, which is independent of D. In the case of 

non-Newtonian fluids, the shear stress can be written in terms of a non-Newtonian 

viscosity term μα: 

( )a D D =                     (20) 

In specific, μa is a function of all three invariants of the tensor D. However, in the 

non-Newtonian models available in CFD package, μα is assumed to be only a function 

of the shear rate,   , which is related to the second invariant of D and is defined as: 

1
:

2
D D =           (21) 

where the operand (:) denotes the double dot (or inner-outer) product. 
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2.3.3 Power Law for Non-Newtonian Viscosity 

During the non-Newtonian flow simulation in ANSYS environment, the non-

Newtonian viscosity ( )a   is mathematically defined by a power law or 

pseudoplastic model. In Fig. 5, the variation of shear stress with shear rate for 

Newtonian and non-Newtonian fluids is displayed. 

 

Fig. 5. Newtonian and non-Newtonian fluid models in ANSYS. 

The apparent viscosity of the power law model is mathematically described as: 

1

1

,  
( )

,  

f

f

n

a n

o

K

K

 

 

   
 

   

−

−

 
= 



                  (22)     

where μο, K and n are the input parameters representing the behaviour of the non-

Newtonian lubricants. The term K is a value of the average viscosity at a shear rate of 

1 s-1, nf is a measure of deviation of the fluid from the Newtonian behaviour (power 

law index),   is the local shear rate and
 o  

is the cut-off shear rate.   

Power law fluids were characterised as shear thinning (or pseudoplastic) behaviour, 

when the power law index is obtained as: 1n  . The shear rate history of the fluid is 

determined by using a simple cut-off method. In practical terms, shear thinning 

behaviour will be obtained if the cut-off shear rate value, o , is exceeded. On the 
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other hand, the viscosity is not affected by local shearing and is expressed by o , 

when it is not exceeded.   

 

2.4 Piston Ring Model 

In this section, the 2D model of the compression ring-cylinder liner conjunction will 

be presented. The main lubrication conditions, the gas flow or blow-by and the forces 

in the ring-liner conjunction will be provided in detail. The simulated worn profiles 

between the ring and liner will be determined based on realistic measurements. A 

detailed overview of dimples or pockets will be presented according to the previous 

published reports. Main emphasis will be given in dimples or pockets with rectangular 

and square shape. Afterwards, the lubricant film, the ring friction, the generated 

frictional power losses and the mechanical stresses on top compression ring will be 

introduced, which is the primary scope of the current thesis. 

 

2.4.1 Compression ring-liner conjunction 

Fig. 6 shows the 2D top compression ring–cylinder contact with the main lubrication 

conditions. Full lubrication, cavitation and lubricant reformation are displayed in the 

positions (a-b), (b-c) and (c-d) accordingly. The ring face width is perfectly 

conforming in the circumferential direction. Therefore, the numerical models 

employed a one-dimensional contact showing well conformance as well as bore 

diameter to ring thickness profile ratio is higher than 30 as demonstrated by Haddad et 

al. [92]. This being an assumption presented in many published reports, where the 

numerical predictions and the measurements have a good agreement [12, 51, 53]. 
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Fig. 6. 2D Sketch of a typical compression ring-liner conjunction with main lubrication 

conditions: (a-b) full lubrication, (b-c) cavitation and (c-d) film reformation. 

The generated hydrodynamic field within the ring-liner conjunction is determined by 

the 2D Navier-Stokes equations. The ring floats in the y-axis direction (in-plane 

dynamics motion) and reciprocates along the liner like as a long slider bearing [11] 

according to the piston sliding velocity (x-axis). The ring velocity is expressed as: 

( ) ( )  Ω sin sin 2
2

CR
ring pU U r


   

 
 = + 

 
      (23) 

where r is the crank-pin radius, Ω is the rotational crankshaft speed, φ is the crank 

angle and λCR is the control ratio as: 
rod

r
l . Ring twist is not account for. The effects 

of the lubricant side leakage inside the piston groove and the out-of-plane ring motion 

(or flutter) are ignored, respectively.  

 

2.4.2 Worn Compression Ring and Cylinder Liner Geometry 

It is well known that the interacting profiles of the ring-liner subsystem are rough and 

no perfectly circular. Therefore, the impact of ring and cylinder rough surfaces is of 

prime importance [93].  First of all, during manufacturing process, the surfaces are not 

C 
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perfectly smooth; thus, some manufacturing errors produced such as waviness and 

straightness. This type of distortion can be introduced as a static nature effect. 

Furthermore, during running engine condition, the thermal effects and the produced 

mechanical forces including the ring tension, piston slap and in-cylinder pressures can 

be led in distortions with the transient nature effect. As a result, the generated ring 

tension and friction would result in a complex combination of tribological phenomena 

such as lubricant consumption, abrasive or adhesive wear etc.  Wear is a complex 

process involved by many factors such as the metallurgy of contacting materials, 

applied load, engine speed, temperature, and the lubricant conditions.  Thus, the static 

and transient nature effects can significantly affect the axial and radial profile of the 

ring and cylinder, respectively. These structural modifications induce changes in 

friction and mechanical stresses on the top compression ring; therefore, the analysis of 

such modifications is predominant. Afterwards, this thesis is examined analytically 

the effects of waviness, straightness and abrasive wear in ring-liner conjunction under 

isothermal and thermal conditions. In addition to this, experimental measurements are 

used to evaluate the effects of worn profiles in piston ring-liner conjunction. The worn 

profiles of the examined ring-liner system were obtained from a single-cylinder two-

stroke motor engine after 2000 working hours. This section is described later in 

numerical results. 

As already mentioned before, the rings and the cylinder bores have rough, axially and 

radially (called as out-of-round) distorted surfaces. The pioneering work of 

Chittenden and Priest [94] studied that the cylinder out-of-roundness or radial 

distortion can be expressed by a Fourier series as follows: 

( ) ( )
0

cos sin( )
o

o o o

o

N

o n o o n o

n

R A n B n  
=

 = +        (24) 

where θο is the polar position in cylinder bore where the measurements have been 

made, no is the number of bore order, No is the maximum bore order and 
onA , 

onB are 

the amplitude constants. Additionally, numerical and experimental works of  Ali et al. 

[95], Profito et al. [96] and Rahmani et al. [18] have all suggested that the axial bore 

distortions are assumed as multi-lobed, which may be proposed as a wavy profile.  

Piao and Gulwadi [97] also introduced that the impact of axial distortions on in-plane 
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ring dynamics was critical. Therefore, this analysis focuses on the axial distortions 

only.  

A 2D schematic view of worn surfaces in the ring-liner interface and the 

corresponding parameters are presented in Fig. 7.  This study simulates the worn 

profiles as a sinusoidal shape. In particular, the local difference between the lubricant 

film due to worn profile and nominal film thickness is defined as: 

2
( , , ) ( , , ) sin

i
i i w
w flat i i

i

N x
h x y t h x y t M

L




 
− = + 

 
      (25) 

where i corresponds to the piston ring or cylinder case, 
flath  is the lubricant film for 

circular shape, Nw is the number of waves, L is the length of the worn ring face-width 

or cylinder wall, M is the amplitude of wave and θ is the amplitude phase angle.  

Regarding the worn ring surface, the parameter Mp is the amplitude of the wave, Lw
p 

is the length of each wave, Nw is the number of waves and Lring is the total length that 

waviness or wear can be developed and is bordered by the ring face-width. The 

amplitude of the wave ring Mp and the length of each wave Lw
p can be expressed in 

dimensionless form as: *

min

p

p

M
M

h
=   and  *

p
p w

w

L
L

b
= , respectively. For the axial 

distorted cylinder liners, the geometrical parameters are also the amplitude of the 

wave cylinder Mcyl, the length of each wave cylinder Lw
cyl and the total length of the 

wear along the cylinder length Lcyl. The amplitude of the wave cylinder Mcyl and the 

length of each wave Lw
cyl can also be written in dimensionless form as: *

min

cyl

cyl

M
M

h
=   

and *
cyl

cyl w
w

cyl

L
L

L
= .   
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Fig. 7. Geometry of worn compression ring and cylinder wall. 

 

2.4.3 Textured Compression Ring Geometry 

Fig. 8 shows the basic geometrical parameters of spherical and rectangular micro 

dimples along the ring face width. The corresponding geometry of each dimple or 

pocket is illustrated in the following figure. 

 

Fig. 8. Geometry of spherical and rectangular micro dimples.  
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Each spherical dimple is characterized by the base radius rp and the dimple depth hp. 

The textured zone bp is bounded by two untextured strips of width 
2

p

ut ud

b b
L L

−
= =  

on each of its sides. The used non-dimensional parameters are defined as below: 

• the number of dimples, N  

• the textured portion,
pb

b
 =  

• the dimensionless dimple diameter,
2 pr

r
 =   

• the dimple depth over diameter ratio,
2

p

p

h

r
 =  

With regard to the rectangular dimples geometry, each texture cell Lc is defined by the 

rectangular dimple length Ld and the rectangular dimple depth Hd. The above 

parameters are also controlled by the texture density, d

c

L

L
 =  and the dimple aspect 

ratio, d

d

L

H
 = , which is a ratio that expressed as the dimple length over the dimple 

depth.  

2.4.4 Lubricant Film  

Fig. 9 shows the 2D contact of the ring-liner conjunction for different profiles and the 

corresponding film thickness. The lubricant film distribution is correlated directly 

with the ring-liner face profiles, the lack of lubricant film and the piezo-viscous 

engine conditions.  
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Fig. 9. Lubricant film between the smooth/textured or worn compression ring and the ideal or 

worn cylinder liner. 

Therefore, the lubricant film can be written as follows: 
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  (26)                                                      

where minh  is the minimum film thickness with time and ( )sh x  is the examined ring 

profile. wh  corresponds to the lubricant film for the worn surfaces and 
p  is the local 

contact deformation expressed by *
'

hyd

p

p
D

E



= , where D* is the influence coefficient 

matrix reported by Balakrishnan and Rahnejat [33]. th and d  represent the 

thermoelastic and elastodynamic deformations of the ring or the cylinder liner. These 

effects may be induced by mechanical vibrations or thermo-elastic deformations, 

owing to the transient ring dynamics motion. In reality, a 3D ring geometry should be 

analysed. This is not included in the current study, which can lead to more complex 

model upon the computation time.   
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2.4.5 Gas Flow or Blow-by 

Fig. 10 shows the gas flow or blow-by conditions within the piston and ring-pack 

assembly. Fully flooded inlet conditions are assumed. The in-cylinder pressure and 

the outlet pressure (from crankcase) values are assumed as input depending on the 

direction of piston motion. Εq. 27 provides the input gas pressures along the ring face 

profile. 

( ) ( )
Upstroke motion Upstroke motion

0, , ,
Downstroke motion Downstroke motion

in comb out a

out comb in a

p p p p
p y p b y

p p p p

 = −  = −  
= =  

= −  = −   

        

(27) 

where pcomb   is the in-cylinder pressure and pa is the ambient pressure. 

To evaluate in more realistic terms the variation of gas pressure at the ring gap, a gas 

flow model is used in the current analysis. The model is described based on the 

developed analytical methodology of Baker et al. [32]. Baker et al. [32] modified the 

numerical procedures of Ruddy et al. [14] and Gulwadi et al. [16]. 
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Fig. 10. Gas flow or blow-by in the top compression ring-liner conjunction. 

An iterative method is used to calculate the back-gas pressure. The control volumes 

around the top compression ring are clearly shown in the inset of  Fig. 10. Therefore, 

the mass flow rates between the volumes are calculated for each initial pressure as 

described by Gulwadi et al. [16]. The corresponding expression for volumes 1 and 2 

are defined as: 

( )2 2 2

1 1 1 2

12

124 g av

A h p p
m

L T

−
=          (28) 

where 1p is assumed to be the in-cylinder pressure inside the control volume 1, 2p is 

the initial gas pressure in the control volume 2, 
g  is the viscosity of gas flowing in 
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the control volume 2, 1A  is the cross-sectional area of the control volume 1, 1h  is the 

distance between the piston top land and the cylinder liner and 1L is the piston top 

land height. 

To achieve the balance in the gas mass at each control volume, the following equation 

is used: 

( )new inlet outlet oldm m m t m= −  +         (29) 

where the correct gas mass is recalculated in the control volume 2, and from the law 

of ideal gas, 2 2
2

av

p V
m

RT
= . This procedure is repeated until the balance between the gas 

mass and pressure is attained.  The same methodology is used to calculate all the 

pressures at the ring gap (control volume 2). 

 

2.4.6 Forces on In-Plane Ring Dynamics  

Fig. 11 shows the forces acting on the compression ring according to the piston 

motion. With regard to the in-plane ring motion, two outward forces are applied 

between the piston and the back profile of the ring. The ring tension force is obtained 

as:   

2T o elF r p=           (30) 

where ro is the nominal cylinder radius and the elastic pressure is 
( )

4
3

gap ring ring

el

o

d E I
p

b r
= , as 

the ring cross section is defined as: 
3

12
ring

bw
I = . After the solution of the gas flow 

model, the back-gas force is given as: 

2 ( )G o bkF r bp =          (31) 
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Fig. 11. Schematic view of the compression ring including the primary forces.  

In the present method, the ring tension force TF  and the gas force GF  should be equal 

with the hydrodynamic reaction hW , owing to lubricant film in the ring-liner 

conjunction, and the produced load by surface asperities cW : 

T G h cF F W W+ = +                    (32) 
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The ring-liner conjunction is not covered by lubricant film only, but there is a region 

of the ring which suffers by asperities. In Eq. 33, the hydrodynamic local capacity and 

the load carried by surface asperities are obtained as: 

0

2

b

h o hydW r p dxdy=   and ( ) ( )
2 '

5/2

16 2

15
c sW E AF


  


=     (33) 

The Greenwood-Tripp model [83] was used to describe the load between the surface 

asperities. This procedure was described in Section 2.2.1.  

At any crankshaft position, the ring balance should be made. The ring balance is 

totally quasi static analysis. For clarity, these expressions are rewritten here.  

The load balance is fulfilled when the relationship (34) is confirmed as: 

( )- ( )
0.1%

max{ , }

W F
X

F W

 
=           (34) 

If the ring balance is not achieved, then the minimum film thickness is re-calculated 

through the iterative process of the expression (35). In this case, the value of the 

parameter χ is taken as: χ = 0.05. 

1

min min(1 ) , 1n nh h n+ = +            (35) 

 

2.4.7 Heat Transfer  

To predict the effective lubricant temperature through the ring-cylinder conjunction, 

the present thesis includes a thermal model to evaluate the actual lubricant viscosity 

into the contact. This method has been studied analytically by Morris et. al  [20] . For 

current investigation, the thermal model is combined with the Navier-Stokes 

equations. The model simulates the fluid-thermal problem by considering the 

FLUID141 2D Fluid-Thermal elements. The effective lubricant temperature is 

obtained by the energy equation using a control-volume approach. The volumetric 

heat transfer Qv is accounted for (the final term in Eq. (4)), in order to predict the local 

temperature into the contact, due to the laminar flow through the direct surface 

interactions. With regard to the temperature boundary conditions, the cylinder liner 

temperature cylT  is considered to be equal with the measured liner temperature. This 
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point is described later in extracted results. Taking into account this assumption, the 

inlet heating temperature  inT ,as the lubricant flow into the contact is expressed as: 

ring ring cyl cyl

in

ring cyl

T U T U
T

U U

+
=

+
        (36) 

Actually, the initial temperature of the ring surface Tring is unknown. Therefore, the 

ring is assumed to be stationary and the cylinder liner has a relative motion, since 

from the expression (35), the inlet temperature boundary condition is obtained as, 

in cylT T= , related to the convective thermal flux.  

 

Fig. 12. Heat transfer in compression ring-liner interface. 

Fig. 12 shows the heat transfer within the compression ring-liner interface. The 

generated heat lubricant is obtained from the thermal control volume into the 

clearance and the relevant heat transfer into the coated compression ring is governed 

simultaneously by the energy equation. The heat flow balance is defined as: 

tot ring cyl outQ q q q= + +          (37) 
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where outq  is the heat flow at the outlet as well as the piston ring floats in the axial 

direction, and 
ringq , 

cylq  are the heat flow for the compression ring and the cylinder 

liner into the ring-cylinder gap. Additionally, the heat transfer from the piston to the 

ring-cylinder system is negligible.  

 

2.4.8 Total Friction and Power losses  

In the piston ring-cylinder liner conjunction, the total friction is obtained as: 

tot fl bF F F= +                      (38)   

Initially, in the hydrodynamic regime of lubrication, the viscous friction is expressed 

as:  

( )fl cF A A= −           (39) 

where τ is the viscous shear stress of the oil film: 

2

h
p V

h


 =   −           (40) 

In the mixed regime of lubrication when the film ratio is 1 3s  , the load by 

surface asperities needs to be determined; thus, the ring boundary friction can be 

defined as [98, 99]: 

b c asp cF A W = +          (41) 

where the non-Newtonian Eyring shear stress, o  , and the boundary shear strength of 

contact asperities, μasp, are considered 62 10  Pao =   and μasp = 0.17 respectively. In 

the case of the boundary/mixed lubrication, the lubricant film is very limited, and this 

shear stress is below the limiting Eyring shear stress of the lubricant. With respect to 

the ring–liner asperity interactions, a coefficient of friction was used for the formed 

ferrous surface oxide layer by Teodorescu et al. [98]. In reality, the impact of coatings 

could be predicted in a boundary friction model. As a result, the corresponding 

surface topographical parameters should be adopted using an Atomic Force 

Microscope (AFM) within the contact as it is referred by Styles et al. [100] . This 
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point was not within the scope of the current thesis. Taking into account the overall 

ring friction, the power losses are also calculated as follows: 

( )tot tot pP F U =           (42) 

where the sliding speed ( ) ( )p ringU U   is expressed by Eq. (23).  

 

2.4.9 Mechanical Stress 

In the case of the Fluid-Structure Interaction (FSI), the compression ring is assumed 

to be a linear elastic material. The maximum stress of the ring is taken into account 

after the force calculations. In the present work, the deformation xy  is accounted for 

within the piston groove contact, whereas the maximum stress developed in the 

compression ring is donated as σv and is mentioned as the von Mises stress [101]: 

1

2 2 2 2
1 2 2 3 3 1

1
[( ) ( ) ( ) ]

2
v      = − + − + −       (43) 

where 
1 , 

2  and 
3  are the primary stresses in x, y, z coordinate system. 
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Chapter 3 

Numerical Solutions of the Piston Ring Model 

 

3.1 Fluid-Structure Interaction (FSI) Solution of the 

Hydrodynamic Lubrication Model 

A 2D axisymmetric fluid-structure model was developed in the ANSYS simulation 

environment. The Computational Fluid Dynamics (CFD) code was implemented in 

ANSYS Multiphysics suite, while the finite element method (FEM) was used for the 

structural analysis. The boundary conditions of the coupled problem and the method 

of solution are summarized and presented here.  

 

3.1.1 Ring and Fluid Domains 

The 2D FSI hydrodynamic lubrication model was applied to a smooth compression 

ring. The lubricant flow was assumed to be laminar and steady state. The pressure 

field was predicted by the 2D Navier-Stokes equations, combined the structural 

analysis from the Eq. (43).  The input flow boundary conditions and the steps of the 

fluid-structural algorithm are shown in Fig. 13 .   

 

Fig. 13. Flow boundary conditions in compression ring-liner tribosystem. 

Ring diverging region 
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The cylinder bore was defined as a stationary wall, with the fluid velocity having zero 

velocity vectors in all directions. The ring profile was assumed as a moving wall, in 

which there is only the axial component of the piston sliding velocity. The gas 

pressures at the sides of the ring (inlet and outlet ring edges) were set equal to in-

cylinder pressure and gas pressure from the gas flow, according to the piston motion. 

The chamber pressure and the elastic pressure were also applied behind the inner rim 

of the ring (Fig. 13).  The fluid cavitation within the lubricated contact was accounted 

for using the Gumbel (or half Sommerfeld) model, where: 0ap p−  , at the diverging 

region of the ring (see blue area in Fig. 13). The half Sommerfeld condition neglects 

all negative pressures in the outlet region of the ring profile, which are physically 

unrealistic. In particular, the simulation here does not include the effect of any 

cavitation model beyond the point of film rupture. However, the half Sommerfeld 

shows fast convergence for the present fluid-structural problem. Additionally, the 

contribution of the surface asperities has been ignored, owing to hydrodynamic 

regime of lubrication. The following CFD analysis of current thesis will be introduced 

the effect of cavitation, asperity contact and contact temperature in some detail. 

Fig. 14 shows the computational grids for the case of a smooth ring and a flat 

compression ring with spherical micro dimples. The element’s colors present the 

regions of different domains used for the analysis. For the fluid domains (oil film 

area), a small size element was used for high accuracy in our results. We use the 

FLUID141 2D Fluid-Thermal element. The high mesh density in the fluid fields is 

clearly shown. For the solid domain (piston ring area), we use the PLANE182 2D 

Structural Solid element.  
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Fig. 14. Meshing details of the Fluid-Structure Interaction (FSI) model for untextured and 

textured flat faced rings including elements features. 

The appropriate mesh of ring-liner conjunction is an integral part of its design. After 

grid sensitivity tests, 10 divisions were used in the radial direction and 500 divisions 

were used in the axial direction. Using lower number of divisions in the radial 

direction, the model shows an average friction error between 20-25 %. Using 

maximum of 10 divisions, this error was minimized near to 1-2 %. On the other hand, 

increasing the number of the divisions in the axial direction, from 500 to 600, the 

error of numerical prediction of the friction force was smaller than 0.5 %. 

Indicatively, it should be noted that the element size was in the order of 10-5 (m) near 

to the solid domain. Regarding the textured case, the fluid domain was also meshed 

with 11998 nodes (position C). Accordingly, 67840 elements for the smooth case and 

249806 elements for the textured case were introduced, which seemed adequate for 

the proposed calculations. The corresponding simulations were performed in a 

computer with 8 processors (Intel core i7-3770 CPU @ 3.40 GHz). The typical 

solution time was varied between 50 and 120 minutes for the smooth and textured 

case, respectively. 
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3.1.2 Method of Fluid-Structure Interaction (FSI) Solution 

Fig. 15 illustrates the methodology of the Fluid-Structure Interaction (FSI) model 

solution. For the CFD elements, the velocities were obtained from the conservation of 

momentum principle, and the pressure was obtained from the conservation of mass 

equation. The pressure-velocity field was dealt with the SIMPLE algorithm. The flow 

problem was nonlinear and the governing equations were coupled together. This 

nonlinear solution procedure belongs to a general class of Semi-Implicit Method for 

Pressure Linked Equations (SIMPLE). Therefore, at a given crank angle, the 

generated hydrodynamic pressure within the ring-cylinder interface was assumed to 

be equal with the ring tension and the back pressure: 

( )
ring elasticity back gas  pressure generated hydrodynamic pressure 

( )el bk hydp p p + =        (44) 

For each crank angle position, the piston velocity and the input gas pressures were 

updated (Step 1). Furthermore, the nodes displacement between the ring liner nodes 

and the cylinder wall were investigated (Step 2). Owing to the possibility of the ring 

motion very close to the cylinder’s wall, a constant parameter ho was considered, 

which simulates the minimum distance between the ring surface and the cylinder 

inner liner. This factor was obtained after the necessary grid sensitivity tests, which 

were correlated with the friction force error. When this value was between 0 to 5 μm, 

a maximum friction error of 20 % was determined, whereas the mesh morphing 

failures. However, when the value of this parameters varies from 5 to 10 μm the mesh 

morphing was attained, and the friction error was reduced in the order of 1-8 %. In 

this analysis, the parameter ho has been obtained equal to seven micrometers (ho = 7 

μm). Using this value, a minimum friction error, below to 2%, was predicted. The 

friction force error was evaluated based on the following expression: 

100%
num val

tot tot
fr num

tot

F F
Error

F

−
= , where num

totF is the computed total ring friction and val

totF is 

the validated friction value either numerical or experimental results. 

With regard to the structural ring analysis, the elastic deformation was mainly 

depended on the normal stresses produced on the compression ring because of the in-

plane ring dynamics into the piston groove. Von Mises stress or equivalent tensile 

stress was used to evaluate yielding of materials under multiaxial loading conditions 
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using results from simple uniaxial tensile tests. This criterion was grounded on the 

determination of the distortion energy in each material, i.e., of the energy associated 

with changes in the shape of that material, and it was determined in order to check 

whether yield occurs in the compression ring.  

 

Fig. 15. Flow chart of the Fluid-Structure Interaction (FSI) model. 
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In Fig. 16, the steps of the Arbitrary Lagrangian–Eulerian (ALE) formulation for the 

case of compression ring with spherical micro dimples at crank angle of 31 deg are 

shown. The analysis uses the Arbitrary Lagrangian Eulerian (ALE) formulation in 

order, through the mesh movement, to move the fluid nodes in selected areas (non-

structural) to conform the ring displacements.  

 

Fig. 16. Arbitrary Lagrangian–Eulerian (ALE) formulation steps, (a) before ALE and (b) after 

ALE method, for the compression ring with spherical micro dimples. 

The arbitrary Lagrangian-Eulerian (ALE) is a finite element formulation, in which the 

computational system is not a prior fixed in space or attached to material. ALE-based 

finite element simulations can eliminate many of the drawbacks that the traditional 

Lagrangian-based and Eulerian-based finite element simulations have. Using the ALE 

technique in engineering simulations, the computational mesh inside the domains can 

move arbitrarily to optimize the shapes of elements, while the mesh on the boundaries 

and interfaces of the domains can move along with materials to precisely track the 

boundaries and interfaces of a multi-material system. A detailed overview of the ALE 

method may be found in Huerta and Liu [102]. 

Accordingly, the convergence criteria of the coupled problem can be resolved in two 

stages. Initially, the error of the pressure CFD solution was 10-6, which was adequate 

in terms of accuracy for the load evaluation. 
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Afterwards, instantaneous ring balance convergence criterion was fulfilled: 

( )- ( )
0.1%

max{ , }

W F

F W

 
  and simultaneously, the ring displacement was attained using a 

loop defined by critical displacement. This interaction loop was used; thus, the ring 

profile was impossible to come into contact with the liner and the piston gap. In this 

case, the critical displacement DScr of the ring should follow the following criterion 

maxcrDS eDS at each crank angle, where the maximum displacement was defined as, 

DSmax. The maximum displacements were taken owing to the maximum chamber 

pressures. To simulate the above assumption, a typically error term was assumed to be 

e=0.05, since the final solution was achieved. When the convergence strategy was 

achieved, the algorithm goes to the next crank angle position. In Appendix B, the 

interaction between the fluid and structure domain in the ANSYS Multiphysics suite 

is described. The combination of fluid and solid environments during upstroke ring 

motion at a given crank angle is presented in some detail.  

 

3.2 Computational Fluid Dynamics (CFD) Solution of the 

Thermal Cavitation Flow under Mixed Lubrication 

CFD models were also developed using the simulation environment of ANSYS. The 

thermal model including the coating effect was implemented in ANSYS Multiphysics, 

while the fluid cavitation was solved using the CFD package FLUENT. The flow 

boundary conditions, the modelling of coating and the method of solution are also 

provided in this section.  

 

3.2.1 Coating and Fluid Domains 

For the coating domain, a separate area was designed (Fig. 17). The region colored 

blue corresponds to the lubricant film. The region colored red was added between the 

compression ring and the lubricant film that simulates the thin layer of coating. Every 

area was meshed separately with its own grid. For the lubricant field, a grid of 

15X1000 elements was used respective to the x, y directions. Similarly, for the coating 

layer, the chosen grid consists of 7X1000 elements and for the ring colored blue area 

(1) has 100X1000 elements. The space of minimum lubricant thickness is of specific 
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interest at this point and the interaction between the lubricant and coating is 

specifically adjusted under thermal effects. For this reason, the FLUID141 2D Fluid-

Thermal element was used for the fluid and coating domains, respectively. The 

benefit of this element was that can operate such as solid component, when the 

coupled fluid-thermal effect was treated. To combine both different elements, the 

couple of fluid with solid nodes is used in order to achieve the suitable heat transfer 

between coating and lubricant film. Afterwards, the problem of fluid-thermal flow is 

solved in same manner. The resulting pressure and temperature are simultaneously 

obtained along the ring profile and the required calculations concerning the 

hydrodynamic pressure, contact lubricant temperature and friction are conducted.  

 

Fig. 17. 2D simulation model of the ring, coating layer and lubricant field. 

With regard to the meshing requirements, after appropriate grid sensitivity tests, 15 

divisions were used in the radial direction and 1000 divisions were used in the axial 

direction for the lubricant film region. Using lower number of divisions within the 

lubricant film, the model shows average error of 20-25%. After that, using maximum 

of 15 divisions, this error was minimized approximately to 1%. At the same time, 

increasing the number of the divisions along the ring-face width, from 1000 to 1500, 

the error of numerical prediction was smaller than 0.1 
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3.2.2 Fluid Domain for Cavitation Flow 

Fig. 18 shows the 2D fluid mesh formed for a parabolic untextured/smooth ring and a 

textured ring with rectangular micro dimples. For the untextured ring, fluid domain 

was meshed with quadrilateral finite volumes. A total number of 3x104 cells were 

used. 30 divisions were used in the lubricant flow and 1000 divisions were used along 

the ring profile. As mentioned before, these divisions were selected after grid 

sensitivity tests, showing the minimum error. This configuration of meshing is in well 

agreement with the CFD predictions of Shahmohamadi et al. [29]. 

 

Fig. 18. 2D fluid mesh for untextured and textured barrel faced rings in FLUENT environment. 

For the textured ring case, each dimple was meshed with 30 cells into the depth and 

200 cells along the dimple profile. It is obvious that the thin gap formed by the ring 

profile and the cylinder inner liner, when the cavitation phenomenon is predominant, 

must be well described, with a relatively dense mesh. This meshing strategy was 

made for the least computational cost possible without any influence on the accuracy 

of the CFD solution.  

3.2.3 Method of Computational Fluid Dynamics (CFD) Solution 

This CFD simulation model, based on the lubrication theory, includes fully flooded 

inlet, while in the convergent–divergent ring region the lubricant film rupture owing 

to cavitation can be occurred. The pressure field was obtained according to the 

mixture model [103], the liquid-vapour transfer was solved from the Rayleight-Plesset 

equation and the velocities were derived from the conservation of the momentum 

principle.  
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Comprising the Navier Stokes approach with Rayleigh-Plesset volume fraction 

equation, the cavitation point was not defined along the ring face width [27]. The 

methodology of CFD solution procedure includes: (a) the second-order upwind 

method for the momentum term; and (b) the SIMPLE algorithm to couple pressure-

velocity field. These methods were involved reducing the discretisation-induced 

errors in the calculations. In parallel, the convergence tolerance of all residual terms 

(pressure, volume fraction) was also taken as 10-6 (described later). 

Fig. 19 presents the flow chart of CFD algorithm solution. First, the ring velocity, the 

in-cylinder pressure and the ring tension computed separately, and they were given as 

inputs in the CFD model. Second, initial and boundary conditions about the minimum 

film thickness, the rheology properties, the gas input pressures and temperatures were 

obtained; hence, the hydrodynamic pressure and lubricant temperature along the ring 

thickness were predicted.
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Fig. 19. Flow chart of the thermal-fluid CFD model. 

During the CFD simulations, the lubricant viscosity and density were adjusted as the 

solution occurred, therefore the generated hydrodynamic pressure and lubricant 

temperature were re-calculated. The rheology properties (density and viscosity 
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variables in this case) were obtained using user-defined functions. After that, if the 

ring balance criterion was not met, the minimum lubricant film was updated, and the 

methodology was repeated until the load balance was achieved through the 

expression:
T G h cF F W W+ = + . In this simulation, the ring profile dynamic motion for 

the load balance criterion is performed with mesh updating (smooth dynamic mesh) of 

CFD programme.  

Once the compression ring is in instantaneous plane-equilibrium position, then the 

solution was terminated. The convergence for the thermo-mixed lubrication problem 

was determined when the pressure, the temperature and the load balance criteria were 

attained simultaneously. Afterwards, the simulation moves to the new crank angle 

position. The following criteria were used for the pressure and the temperature 

solutions, respectively.  
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3.3 Validation Results 

The models of the current thesis have been validated with the numerical works of 

Shahmohamadi et al. [28, 29]  and after, from the experimental work of Gore et al. 

[61]. The published reports were chosen to test the accuracy of the proposed 

simulations by comparison with other methodologies, including alternative full CFD 

simulations and experimental measurements.  

Fig. 20 shows the hydrodynamic pressure profile along the ring face-width at higher 

in-cylinder pressure (detonation point in power stroke) for engine speed of 1500 rpm. 

The ring axial face-width was a barrel top compression ring characterized by radial 
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width of 3.5 mm and thickness of 1.475 mm. The results reported here were given for 

an isothermal analysis. The agreement of the current models was satisfactory. It can 

be seen that the general trend was similar for both CFD models (blue line and red 

dotted line). The blue line represents the CFD analysis of the current thesis 

comprising 2D Navier-Stokes equations, vapour transport model and asperity 

interactions. The red dotted line shows the results of reference [29] and the black bold 

line corresponds to the fluid structural algorithm (FSI model). Regarding the fluid 

structural analysis by current thesis, a 2D axisymmetric model was built solving the 

same problem using 2D Navier-Stokes without cavitation model (or half-Sommerfeld 

condition). Larger variation was observed between FSI coupled model and other 

solvers. An average error of 10-15% in estimating the hydrodynamic pressure was 

observed.  As can be seen, this approach fails to predict the effect of lubrication film 

rupture into the ring-liner gap. This can be explained owing to the FSI model has a set 

of assumptions, such as the smooth ring-liner profiles and the hydrodynamic regime 

with half-Sommerfeld condition.  

 

Fig. 20. Validation results. Comparison between predictions with the numerical data of 

Shahmohamadi et al. [29]. 
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Furthermore, the current thesis includes the predictions of the volume fraction of 

vapour compared to the results of ref. [28]. In Fig. 21, the volume fraction of vapour 

into the cavitation zone from the current analysis is presented. The results reported 

here were given for an isothermal analysis near to Top Dead Centre (TDC) at engine 

speed of 2000 rpm. Very good agreement was observed between the proposed CFD 

model and the predictions of Shahmohamadi et al. [28], with the standard deviation 

being less than 3 %. 

 

Fig. 21. Validation results. Volume fraction of vapour into the cavitation zone from the current 

CFD analysis at crank angle of 10o. 

Additionally, it is important to validity the proposed models related to the 

experimental data from the literature. Nowadays, the experimental measurement of 

ring friction is a subject of extensive research. Recently, the work of Gore el. al [61] 

compared numerical predictions of the friction force, using the solution of the 

Reynolds equation including cavitation effects, measuring the friction using a floating 

liner method. The experimental and numerical results were obtained under motored 

engine conditions for rotational speed of 3000 rpm. They have provided a complete 

data for a Honda CRF 450R motocross motorcycle four-stroke engine. The ring face-

width was an ideal parabola characterized by face width of 1.15 mm. Their study did 

not include ring face width profile in detail; thus, in this analysis the curvature height 

is assumed to be equal with 15 μm, which is defined by Morris et al. [20]. In addition, 

an actual cylinder wall made of Ni–SiC coating was also used. 
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Fig. 22  shows a comparison between the results presented by ref. [61] and the 

computed predictions by the current thesis for the same conditions. Here, the CFD 

predictions are presented only, which are physically more realistic. The effects of 

coating, temperature and cavitation are determined. Overall, good agreement is 

demonstrated between the full CFD simulations of the current thesis.  The deviation is 

almost 13.7%. 

 

Fig. 22. Validation results. Comparison between CFD predictions with the experimental data of 

Gore et al. [61]. 

It is clearly that friction affected from the surface topography, temperature and 

lubricant flow conditions. For instance, the analysis including half-Sommerfeld 

condition, coating and temperature effects within the ring-liner interface is more 

reliable with experimental results. Regarding the experimental results, a divergence of 

26-36% from both models was noted. This would occur when the contribution of 

asperities between the ring and cylinder is dominant during motored reciprocating 

tests. In addition, the non-ideal ring profile with cylinder’s out-of-roundness situation 

has a vital role in the numerical prediction of the total friction due to reduced 

clearance. To this point, it should be mentioned that a right circular cylinder was used, 

and the back-gas pressure was also assumed to be equal with the chamber pressure. 

This means that these shortcomings may affect the computed predictions. 
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3.4 Original Contributions from Numerical Models 

The original contributions from the advanced numerical methods covered in the 

current thesis are summarized as follows. The contents are listed according to the 

order in which the different methods are organized throughout the work. 

• 2D Navier-Stokes vs 1D Reynolds equation solution 

The present thesis proposes an extensive computational framework based on a 2D 

Navier-Stokes approach for simulating a compression ring tribo-system under 

different lubrication conditions. Another method to model the lubricant flow in ring-

liner conjunctions is through a 1D Reynolds equation. Nevertheless, the Reynolds 

equation has certain assumptions that are unrealistic in complex multivariate 

lubrication problems, such as the compression ring-liner conjunction. Initially, no 

changes in the lubricant rheology within the film along the ring profile will be taken 

into account directly in the Reynolds equation. In addition, the use of 2D Navier-

Stokes equations provides better insight into the physics of the ring lubrication 

problem. Furthermore, with the Navier-Stokes approach, the pressure gradient across 

the lubricant film is taken into account, which leads to more accurate evaluation of the 

viscous friction due to the Poiseuille flow [29, 104]. Because this augmentation is not 

included in the classic 1D Reynolds equation, the extracted results are limited. 

Moreover, one of the main assumptions included in the Reynolds equation is that the 

mass conservation of the fluid in the cavitation zone is not attained, as shown in Fig. 

23. 
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Fig. 23. Hydrodynamic pressure along the ring face-width for different cavitation algorithms. 

The results are obtained at a crank angle of 10 degrees when high combustion 

pressure acts on the top compression ring for an engine speed of 2000 rpm and 

isothermal conditions. In particular, the top compression ring of the high performance 

V12 four-stroke engine is modelled. Gas pressures are also shown in the graph. These 

flow boundary conditions and the results of the Elrod model (red line) are compared 

with the work of Shahmohamadi et al. [29]. The results of the 1D Reynolds equation 

with a half-Sommerfeld boundary condition and Swift-Steiber (or Reynolds) 

conditions are also represented by the blue and green dotted arrows in Fig. 23, 

respectively. The current CFD analysis (black line) is obtained from the Navier-

Stokes approach with a vapour transport model (Rayleigh-Plesset equations). The 

analysis shows that the pressure profiles have excellent conformance when the fluid 

cavitation is taken into account. It is also obvious that the Reynolds equation is 

limited at the outlet region of the ring profile (the blue area), as the cavitation and 

lubricant film rupture is not accounted for in that area. There is a notable difference in 

the film rupture point (the grey area) between the algorithms with cavitation (the 

Elrod model and current analysis) and without cavitation (the Reynolds model and 



Tribology of Top Compression Ring 

Anastasios Zavos                     56 
 

half-Sommerfeld condition). However, the advantage of the 1D Reynolds equation 

solution is that it is faster, simpler and easier to handle than the 2D Navier-Stokes 

equations. Moreover, finding the solution of 2D Navier–Stokes equations has greater 

computational costs. Consequently, advanced simulation models comprising two-

phase flow, heat transfer and asperity interactions should be sought in the early stages 

of the top compression ring’s design. The current thesis poses these issues to improve 

the performance of Internal Combustion (IC) engines in terms of the Tribological 

Design of Compression Rings.     

• Fluid-Structure Interaction (FSI) modelling 

Another original contribution of the present thesis is the fluid-structure interaction 

modelling, where a link between the ring and lubricant flow within the piston groove 

is introduced. In the real operation of Internal Combustion (IC) engines, the top 

compression ring is stressed into the piston groove by a wide range of variable loads 

and speeds. Therefore, one must analyse the ring dynamics as well as the friction, film 

thickness and mechanical stresses against the cylinder liner and piston grooves using 

advanced simulation models. A quasi-static analysis between the outward applied 

forces and the generated forces in the ring-liner contact is introduced, and it leads to 

considerably quicker and easier computations than a transient dynamic analysis, 

which must account for the time history of the ring in-plane motion. The new method 

was successfully validated with existing numerical simulations. In addition, 

parametric investigations can be determined for different ring-pack systems to support 

the design process. 

• Coating modelling 

Coatings are the most widely employed method to mitigate friction and wear due to 

their effectiveness in contact within the piston groove and cylinder wall.  This thesis 

has constructed a link between the coating and lubricant flow along the ring face-

width. A quasi-static CFD analysis was also used. Investigations for different coatings 

in a ring-liner conjunction can be introduced to ascertain the impact of operating 

conditions such as the contact temperature and lubricant viscosity. It is worth noting 

that the heat transfer in a ring-liner interface is unavoidable, though there are efforts 

on many fronts that have led to improvements. These improvements in the coating 

materials and lubricants’ specifications can be introduced from the proposed advanced 
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simulation. The main advantage of this approach consists of the parametric analyses 

of different ring-liner systems for optimizing the tribological characteristics.  

• Cavitation flow modelling 

Finally, the major contribution presented by this thesis concerns the cavitation flow 

modelling in mixed and hydrodynamic regimes of lubrication conceived for 

untextured and textured flat or barrel rings. The ring was subject to a quasi-static 

equilibrium. Investigations of different types of compression rings can be provided to 

show the impact of the lubrication cavitation through the lubricant film and friction. 

The mechanism and the contribution of the cavitation in textured ring-liner systems 

can be investigated in some detail. Therefore, improvements in the ring profile, 

texture shape and position will help mitigate some of the detrimental effects of 

lubrication cavitation on piston rings’ performance. 
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Chapter 4 

Numerical Results 

 

4.1 The Effect of Lubricant Viscosity in Ring-Liner Conjunction 

Lubricant viscosity has a significant role in the ring-liner interface. This thesis 

addresses this issue, particularly the role of lubricant temperature, which affects both 

thermal and frictional performance of the top compression ring. The study 

demonstrates the effect of operating lubricant temperature on the hydrodynamic 

pressure, lubricant film and viscous friction at higher piston sliding velocity, which is 

a key driver in modern engine development.  

In the present analysis, the validated fluid-structural model was used to study the 

performance of top compression ring in hydrodynamic lubrication regime. To obtain 

the pressure distribution, 2D Navier-Stokes equations and lubricant rheological 

properties were solved simultaneously. The novelty of the current analysis was the 

solution of the Navier–Stokes equations with the use of power law lubricants (non-

Newtonian oils), which act in non-Newtonian shear for the ring problem. The model 

simulates the top compression ring in normal engine conditions at the engine speed of 

2400 rpm. Therefore, the interaction between the asperities in the ring-liner interface 

near to Top Dead Center (TDC) and Bottom Dead Centre (BDC) has been ignored. 

With regard to cavitation, half-Sommerfeld boundary condition was used, which 

neglects all negative pressures in the diverging part of the ring profile. This shows 

sufficient fast convergence in the FSI coupled problem. Some of the results presented 

in this investigation have been published by the author in reference [104]. 

The geometric dimensions of the compression ring-liner system were obtained from a 

diesel engine. The top compression ring analysed here was a flat steel ring 

characterized by a radial width of 3 mm and a thickness of 2.4 mm. The cylinder bore 

was also assumed to be a complete circular cylinder with nominal diameter of 105 

mm. The engine data and the input flow boundary conditions were obtained according 

to the work of Wakuri et al. [52]. A complete data regarding the top compression–

cylinder geometry is provided in Table 1. 



Tribology of Top Compression Ring 

Anastasios Zavos                     59 
 

 

Table 1. List of piston ring–cylinder model design parameters. 

Parameter Value Unit 

piston ring thickness 0.0024 m 

piston ring width 0.003 m 

crank radius 0.08 m 

piston-ring end gap length 0.0008 m 

distance from top to the first groove 0.00598 m 

distance between the ring grooves 0.0024 m 

control ratio 0.27 ── 

cylinder diameter 0.105 m 

piston ring diameter 0.105 m 

piston length 0.12 m 

oil temperatures 80,100,120 oC 

Young modules of elasticity for piston ring 201 GPa 

Poisson's ratio of piston ring  0.3 ── 

 rotational crankshaft speed 2400 rpm 

 

The Newtonian oil SAE 30 and two kinds of non-Newtonian oils (SAE 5W30 and 

SAE 10W40) were considered at three operating temperatures. A series of numerical 

results were obtained at three lubricant temperatures of 80, 100 and 120 oC. These 

temperatures were chosen from the typical running conditions in a heavy-duty diesel 

engine, which is in fact the basis for the New European Drive Cycle (NEDC).  In 

Table 2 andTable 3, the lubricant viscosities are presented for each lubricant. These 

data were obtained from the relevant oil standards. 

Table 2. Monograde oil SAE 30 specifications. 

Temperature (oC) Toil =80 oC Toil =100 oC Toil =120 oC 

μ, dynamic viscosity (Pa s) 0.014 0.0097 0.006 

 

In Table 3, the specifications of multigrade oils SAE 10W40 and SAE 5W30 are 

shown. The corresponding numerical parameters are provided for modeling the non-

Newtonian behaviour such as power law fluids. The variation of lubricant viscosity 
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related to the temperature and shear rate for multigrade oils is provided in detail in 

Appendix C and will be here suppressed for brevity. 

Table 3. Multigrade oils SAE 10W40 and SAE 5W30 specifications. 

Multigrade oils μο (Pa s) K (Pa s) n μα (Pa s) Toil (oC) 

SAE 10W40 0.095 0.27 0.94 0.0112 100 

SAE 10W40 0.095 0.27 0.9 0.0064 120 

SAE 5W30 0.08 0.15 0.978 0.0089 100 

SAE 5W30 0.08 0.15 0.935 0.0049 120 

 

Fig. 24 shows the variation of the predicted hydrodynamic pressure and film thickness 

for the studied ring profile at the piston mid-span position and three different 

lubricants. The corresponding lubricant viscosities are also shown in the figure. As the 

ring moves at mid-stroke position, the lubrication regime remains hydrodynamic 

during a typical engine cycle.  At the lower temperature of 80 oC, the use of 

Newtonian oil SAE 30 increases film thickness into the ring-liner gap because of the 

higher lubricant viscosity. However, at the higher temperature of 120 oC, the viscosity 

of monograde oil SAE 30   tends to decrease leading to a rise of hydrodynamic 

pressure with less film thickness. On the other hand, in terms of multigrade oils SAE 

10W40 and SAE 5W30, the film thickness reduced from 0.2 to 7 % compared with 

the monograde oil SAE 30 at 120 oC. It can be seen that the film thickness reduced 

13% and the local hydrodynamic pressures increased 45% along the outlet ring region 

using the oil SAE 5W30, in comparison with the examined case of the oil SAE 30 at 

80 oC. In fact, it is obvious that the pseudoplasticity effect plays a vital role; therefore, 

the film thickness tends to be thinner, reducing the viscous friction forces. 

Furthermore, the predicted minimum film thickness does not alter much for both 

lubricants SAE 30 and SAE 10W40. This can be explained owing to similar lubricant 

viscosity behaviour.  
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Fig. 24.  Hydrodynamic pressure and film thickness at mid-stroke position lubricated with SAE 

30, SAE 5W30 and SAE 10W40. 

Fig. 25 shows the variations in the generated dimensionless friction force at the 

engine speed of 2400 rpm and for all the three studied temperatures of Newtonian oil 

SAE 30. The dimensionless friction force is calculated as 
fltot

a a

FF

p A p A
 . This total 

friction corresponds to shear stress of lubricant only. The viscous friction is given as 

( )fl cF A A= − . The viscous shear of lubricant film is expressed as 

2

h
p V

h


 =   −   where V  is the fluid velocity vector. The maximum friction 

occurs in the power stroke for all the three operating temperatures, following the ratio 

of sliding speed. This is because of the higher in-cylinder pressures in this region. 
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However, the maximum friction differs according to the working lubricant 

temperature. More specifically, the friction increased 45% while the film temperature 

decreased from 120 to 80 oC. From the results of  Fig. 25, it is also clear that, at 

around mid-span in the power stroke, maximum friction for the operating temperature 

of 120 oC is the lowest of all the investigated conditions. This is the region in which 

the viscous friction is dramatically reduced, because of lower viscosity through higher 

temperature. 

 

Fig. 25. Dimensionless friction force versus crank angle for Newtonian oil SAE 30 and operating 

temperature of 80,100,120 °C. 

Fig. 26 compares the dimensionless friction force for the higher operating 

temperatures and at two chosen multigrade oils (SAE 5W30 and SAE 10W40). The 

reduction of the friction in this case is greater, using the non-Newtonian oil SAE 

5W30 in comparison with the oil SAE 10W40. At the higher temperature of 120 oC 

(representing hot NEDC), it is evident that the use of non-Newtonian oils decreases 
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the friction. For instance, the maximum friction of SAE 5W30 had quite reduction of 

14.8% related to the oil SAE 5W30.  

 

Fig. 26. Dimensionless friction force versus crank angle for multigrade oils and operating 

temperature of 120 °C. 

As observed in Fig. 25 and Fig. 26 , the maximum friction is increased because of the 

higher lubricant viscosity at a lower operating temperature, for both monograde and 

multigrade oils. Consequently, it may be conceived that the lower viscosity value of 

multigrade oil SAE 5W30 increases the load-carrying capacity through the 

pseudoplasticity effect, hence the maximum friction is quite decreased in relation to 

the monograde oil SAE 30. It can also be concluded that the corresponding multigrade 

lubricants would be beneficial from the frictional loss perspective, owing to reduced 

viscous friction.  However, this trend may affect the tribology of rough compression 

ring at piston reversals, when the prevailing regime of lubrication is mixed due to 

very thin film. Therefore, an advanced simulation model including the heat transfer 
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and asperity interactions should be sought. This thesis supports that goal using the full 

CFD simulation in the following sections. 

 

4.2 The Effects of Conjugating Surfaces in Ring-Liner 

Conjunction 

 In order to determine the effects of conjugating surfaces in ring-liner interface, the 

following investigations will be admitted based on realistic piston assembly systems. 

Therefore, the impact of new or worn rough compression rings with new or worn 

cylinder liners will be introduced using the proposed validated numerical models with 

the aim of achieving realistic predictions. The results will be compared by the 

numerical and experimental results of similar studies of other researchers. Some of 

the results presented in these case studies have been published by the author in 

references [105-107]. 

 

4.2.1 The Impact of Ring Face-Width Profile  

The compression ring-liner system analysed here was based on a four-stroke 

motorbike engine with a maximum power output of 7 HP. In Fig. 27, the 

specifications of the ring-pack assembly are presented. Table 4 lists the motorbike 

engine data. The ring dimensions, the material properties and the roughness 

parameters are also provided. These data were taken using the HOMMEL TESTER 

T500 surface measurement device. 
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Fig. 27. Piston ring-pack geometry of four-stroke motorbike engine. The parabolic ring profile is 

included in the graph.  

Table 4. Motorbike engine data. 

Parameter Value Unit 

Motorbike engine type four stroke,air cooled ── 

Motorbike volume 107 cc 

Nominal cylinder diameter 52 mm 

Crank-pin radius 25 mm 

Rod length 96 mm 

Idle rotational speeds 1000-1500 rpm 

Maximum rotational speed 7500 rpm 

Compression ring thickness 0.5 mm 

Compression ring width 3.35 mm 

piston-ring end gap 0.25-0.2 mm 

Roughness of compression ring 0.25-0.20 μm 

Roughness of cylinder 0.1-0.15 μm 

Compression ring base material Chromium plated steel ── 

Young modulus of elasticity for ring 279 GPa 

Compression ring Poisson's ratio 0.21 ── 

Cylinder block base material Aluminium ── 

Young modulus of elasticity for cylinder 70 GPa 

Cylinder Poisson's ratio 0.33 ── 
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Fig. 28 shows the realistic engine running conditions, which are used in this analysis. 

The motor engine was operated inside to the laboratory under controlled conditions. 

The type of lubricant used during this analysis was MOTOR HD SAE 30. Table 5 

provides the lubricant rheological parameters. The corresponding average temperature 

of the external cylinder bore was 43 oC using a thermal imaging camera at idle engine 

speed of 1000 rpm. This is in agreement with the stop-start driving of typical 

motorbike use. 

 

 

 

 

Table 5. Lubricant MOTOR HD SAE 30 specifications at atmospheric pressure and ambient 

temperature 40 oC. 

Parameter Value Unit 

lubricant density, ρο 858 @ 40 oC kg/m3 

lubricant visocsity, μο 0.075 @ 40 oC Pas 

specific  heat, cp 1985 j /kgK 

thermal conductivity, k 0.143 W/mk 

ao 1x10-8 m2/N 

βο 4x10-2 ─ 
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Fig. 28. Input engine running conditions: (a) Calculated piston linear velocity versus crank angle, 

(b) In-cylinder pressure at 1000 rpm. 

To investigate how the surface profile of the compression ring affects the engine 

tribological characteristics, different curvature shapes were examined and compared 

under same engine conditions. In the current work, the validated 2D CFD isothermal 

model was used. The pressure distribution in the ring-liner contact was obtained 

through solution of 2D Navier-Stokes equation. To obtain cavitation, half-

Sommerfeld condition was also set. This action provides faster convergence and less 

simulation time. Fig. 29 show the simulated ideal ring profiles, where a compression 

ring with low curvature height of C = 3 μm (Ring profile 1) and a compression ring 

with higher curvature profile of C = 15 μm (Ring profile 2) are presented in detail. 
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The corresponding ideal parabolic profiles are expressed as: 

( )
( )s

Cx
h x

b
=

2

2

2

, where C 

is the height of the curvature.  

 

Fig. 29. Geometry of different ideal parabolic ring profiles. 

Fig. 30 shows a comparison of the predicted minimum film thickness for the cases of 

low and high curvature rings conforming to an ideal circular cylindrical liner. The 

engine speed and lubricant temperature are 1000 rpm and 43°C, respectively. These 

engine conditions represent cold NEDC phase. It is obvious that the lower curvature 

height of the ring profile promotes minimum film thickness around the mixed 

lubrication regimes. As the inset to Fig. 30 shows, the lower shape of curvature 

increases the film thickness at piston reversals (TDC and BDC), and then the contact 

load of the asperities substantially decreases. This can also help in reducing boundary 

friction and wear at contact. However, at the same time this behavior may affects ring 

sealing performance, which is in fact the primary function of the top compression. 
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Fig. 30. Effect of ring profile on minimum lubricant thickness at 1000 rpm. 

For instance, the minimum lubricant film varies between 0.28 μm to 0.405 μm for 

smaller curvature height, whereas for the higher curvature height, the values vary 

between 0.1 μm to 0.31 μm for the certain engine running conditions. On the other 

hand, as the engine speed is increased, thicker films are demonstrated at higher 

curvature profile during the middle of each stroke. This can be explained owing to the 

increment of a wedge effect as the lubricant flow into the ring-liner gap. In practical 

terms, as the height of the ring curvature increases, the shape of the ring surface 

pronounces the ring–bore gap, giving a thicker film and a correspondingly slighter 

viscous friction. For instance, at the power stroke, the minimum film thickness has 

been computed approximately 5 μm to 6 μm for the smaller height of the ring profile 

curve, whereas for higher curve height, the values have been considered 

approximately 6 μm to 7 μm.  

Fig. 31 and Fig. 32 show a comparison of the total and boundary friction for the cases 

of lower and high curve compression ring profiles, corresponding to lower engine 

speed of 1000 rpm. At piston reversals with a low sliding velocity, the higher height 

of curvature profile showed significantly insufficient minimum film thickness. This 

can be explained owing to increment of the boundary friction as the prevailing regime 

of lubrication is boundary-mixed. However, at the same time “flatter” ring can 
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improve the overall frictional performance reducing the generated boundary friction. 

This is in line with the work of Morris et al. [21], which also investigate the 

compression ring profile.   

 

Fig. 31. Effect of ring profile on total ring friction force at 1000 rpm. 

From the results of  Fig. 31, the variation of the total friction is predominant, as the 

ring approaches at TDC reversals in the transition between the compression to the 

power stroke. Two regions can be created to evaluate the relative differences for both 

examined profiles. One (A1) is the average variation in the total friction predicted by 

the two ring profiles in the vicinity of the power stroke (360o and 400o of crank 

angle). When the height of the ring curvature is 15 μm, the average absolute total 

friction increases 38.3% compared to the lower curvature height of 3 μm. This occur 

because the boundary interactions are essential in this case. Regarding the second 

region (A2), higher curvature profile reduces 22.4% the average total friction in the 

middle of each stroke related to lower profile. With extremely thin lubricant film at 

the TDC and BDC, the ring-liner contact is predicted to operate in the mixed 

lubrication or boundary lubrication. Thus, the boundary friction would account for a 

large proportion of the total friction.   
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Fig. 32. Effect of ring profile on boundary friction at TDC region at 1000 rpm. 

It can also be concluded that the region of the mixed regime of lubrication tends to be 

least for the case of lower curvature profile (Fig. 32). The inset to the graph shows the 

variation of mixed lubrication in the aforementioned region (Position A). As a result, 

a “flatter” ring would result in lower asperity friction, and then a better sealing and 

consumption performance. The maximum boundary friction, for instance, increased 

largely 47% using a higher profiled compression ring than a lower profiled. From the 

results of Fig. 32, the computed total frictional losses are dramatically enhanced at 

TDC reversal and minimized moderate at the piston mid-position, during the low 

speed driving of this motorbike engine (Table 6). 

 

 

 

Table 6. Total power losses for different ideal curvature profiles at 1000 rpm. 

Curvature height Boundary friction (N) Total Power losses (W) 

C = 3μm @ 359o 42.4 2.75 

C = 3μm @ 365o 22 10.29 

C = 3μm @ 420o 0 50.24 
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C = 3μm @ 450o 0 42.62 

C =15 μm @ 359o 80 4.81 

C = 15 μm @ 365o 60 20.09 

C = 15 μm @ 420o 0 48.51 

C = 15 μm @ 450o 0 37.21 

 

 

4.2.2 The Impact of Worn Profiles in Ring-Liner Conjunction 

The main intention of this part is to emphasize the impact of the worn profiles in ring-

liner conjunction. In this case, the compression ring-liner system were obtained from 

a two-stroke motor engine of 50 cc. A photograph of the piston-ring pack and cylinder 

system of this motor engine and the operational parameters of this conjunction are 

provided in Appendix D for shortness. This motor engine has been operated for 4000 

hours under actual operating conditions lubricated with monograde oils (SAE 20 and 

SAE 30). The results were compared with an ideal new ring-liner system. The 

compression ring face-width and the cylinder liner profile were measured at axial 

cross-section along its length using a 3D Coordinate Measuring Machine (CMM) 

ΜΗ3D-F454, with an accuracy of 1 μm (Fig. 33). The position of measurements is 

also shown in the figure. The corresponding amplitudes are provided in detail along 

the y-axis in mm. More specifically, the amplitude of waves along the ring and liner 

profiles were modelled with values of 9 μm and 7 μm, respectively. For cylinder liner, 

the measurement data were obtained near to TDC. 
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Fig. 33. The specifications of the top compression ring-liner system after 4000 hours: (a) Top 

compression ring; (b) Cylinder liner at TDC region. 

The validated 2D Fluid-Structure Interaction (FSI) hydrodynamic model was used to 

investigate the tribological performance of the worn ring-liner interface in terms of 

pressure, friction and mechanical stresses. In terms of surface roughness, the worn 

ring features an average roughness Ra of 0.1 µm using HOMMEL TESTER T500. 

However, owing to hydrodynamic regime of lubrication, this effect was negligible in 

the analysis. 
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Fig. 34. Meshing details of fluid-structural model for smooth and worn surfaces. 

For the engine under investigation, the in-cylinder and crank case (outlet) pressures 

were predicted by ref. [108] and illustrated in Fig. 35. The engine speed and lubricant 

temperature were taken at 5000 rpm and 100 oC, respectively. The analysis includes 

that total combustion pressure acts behind the ring inner rim, in order to investigate 

the extreme situation. 

 

Fig. 35. Input flow boundary conditions: In-cylinder pressure and outlet gas pressure at 5000 

rpm. 

Fig. 36 shows the effect of ring-liner wear upon minimum film thickness. The results 

show that worn conjugating hydrodynamic contacts promote thicker films than the 
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smooth sliding surfaces. Therefore, the minimum film thickness in the ring–bore 

interface is substantially affected by the axial distorted ring and liner profiles. This 

can be explained because of the increment of local hydrodynamic pressures into the 

ring-liner gap acting as a Rayleigh step bearing (Position A in Fig. 37). 

 

Fig. 36. Minimum film thickness for smooth and worn ring-liner systems.  

A series of axial pressure profiles along the ring face width are shown in Fig. 37 at the 

mid-stroke position during compression stoke. This mechanism would create thicker 

films owing to axial distortions; therefore, the lubricant flow can be increased 

dramatically. This means that excessive oil loss and fuel consumption can be 

involved, which is harmful for engine efficiency in terms of NOx and HC emissions. 

 

 

Fig. 37. Local hydrodynamic pressures for a smooth ring and a worn ring at 90o. 
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Fig. 38 shows the predicted viscous friction for the new and worn rings. It can be 

observed that the viscous friction dominates at mid-stroke positions following the 

sliding piston speed. As the ring-liner wear observed in conjugating surfaces, the 

corresponding viscous friction is quite lower than a smooth ring-liner case. Clearly, 

considering the lubricant SAE 20 with viscosity of 0.00736 Pas at 100 oC, the viscous 

friction is remarkable lower of 48%, when the wear effect is accounted for.  

 

Fig. 38. Viscous friction for smooth and worn ring-liner systems. 

With respect to the effect of wear on the profile of compression ring, the impact of 

amplitude of wave on viscous friction was also determined. In particular, the 

theoretical amplitude Mp was assumed to be 10%, 20% and 30% of the measured 

amplitude Mp=9 μm, which was used in reference case. For the cylinder liner, the 

amplitude of wave remains stable with the measured value of 7 μm.  

In Fig. 39, the predicted maximum viscous friction for both lubricants (SAE 20 and 

SAE 30) is presented. The corresponding principal lubricant properties are presented 

in the figure, which they are coming from the relevant oil standards. The effect of ring 

wear is examined as the amplitude of wave in face-width increased.  As can be seen, 

the maximum value of viscosity increases approximately 15% the friction for the 

same lubricant temperature of 100 oC. This behaviour is expected, owing to higher 
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viscous shear stress into the hydrodynamic contact. On the other hand, the maximum 

viscous friction is decreased approximately 5% for both lubricants, when the level of 

wave becomes greater. This can be explained owing to the wave profile reaction 

against the worn cylinder liner. Theoretically, the recirculation lubricant flow inside 

the worn profile creates several hydrodynamic micro-bearings (such as Position A in 

Fig. 37), which would result in thicker lubricant films.  

 

Fig. 39. The effect of wave amplitude on maximum viscous ring friction. 

The mechanical stresses on the smooth and worn top compression ring lubricated with 

SAE 20 at 100 oC are presented in Fig. 40. It can be observed that ring wear affects 

strongly its structural integrity.  The predicted maximum stresses are observed into 

the piston groove when the ring attach at the top edge of groove during the power 

stroke near to detonation point (φ = 15°) past the top dead center (TDC). The 

underlying reason for this is the higher in-cylinder pressures. Hence, the maximum 

stresses of worn ring are increased by 15%, in comparison with the maximum stresses 

of smooth or new ring. As a result, this trend has a vital role in the design of top 

compression ring during manufacturing process. 
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Fig. 40. Effect of ring wear on mechanical stresses at detonation point (φ = 15°) past the TDC.  

In addition to this, a metallurgical analysis was performed for top compression ring. 

The microstructure and elemental composition in the scanning region were produced 

using Scanning Electron Microscopy (SEM) and Energy Dispersive X-Ray (EDX), 

respectively. Fig. 41 shows the cross-sectional views of the used top compression ring 

in different locations. Clearly, the top compression ring of this type of engine has a 

peripheral chromium coating at chamfer edges (red arrows). This may occur for two 

reasons. First, in order to improve the contact wear into the piston groove as the top 

compression ring flutter or twist. This was mentioned before in the numerical results. 

Second, in order to maintain the ring face-width during sliding motion along the 

cylinder wall, which is in fact quite significant for lubrication conditions within the 

ring-liner contact.   
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Fig. 41. Characterization of cross-section of the top compression ring lubricated by monograde 

engine oils (SAE 20 and SAE 30) after 4000 hours. 

Many abrasive wear scars with different lengths and widths were appeared on the 

contact surface in the sliding direction (yellow arrows). In Fig. 42, a detailed view of 

the abrasive wear scar and the deformed region along the ring face-width is also 

illustrated. 

 

Fig. 42. Abrasive wear scar and deformed area along the ring face-width using SEM analysis. 

Furthermore, for the elemental composition of coating layer, EDX analysis was done. 

The results are displayed in Fig. 43, where the basic spectrums are numbered as 1 and 

Abrasive wear scar length 

  Deformed area 
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2, and are shown the chromium layer at top edges of the ring (1) and the cast iron 

layer in the sliding region (2), respectively. 

 

Fig. 43. EDX analysis of top compression ring. 

 

4.3 The Effect of Lubricant Temperature in Coated/Uncoated 

Rings under Ideal and Worn Cylinders 

As already stated, the lubricant properties can considerably affect the piezo-viscosity 

relationship into the ring-liner contact and so must be taken into account for proper 

performance predictions. This analysis supports this goal. The impact of the contact 

lubricant temperature through cylinder wear in coated and uncoated compression 

rings will be determined in detail. New uncoated and coated parabolic top 

compression rings were modelled here. Some of the results presented in this 

investigation have been published by the author in reference [109]. 

The basic dimensions of ring-liner system and the principal lubricant properties are 

presented in Table 4 and Table 5 (see Section 4.2.1 for further details). For this 

investigation, the motorbike engine was operated at low speed of 1500 rpm for 1 hour 

operating time. The combustion curve and the calculated piston velocity for this 

condition are shown in Fig. 44. The position of maximum pressure takes place 380 

deg past the TDC. 
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Fig. 44. Realistic engine running conditions: (a) Combustion pressure at 1500 rpm, (b) 

Calculated piston linear velocity versus crank angle. 

The external cylinder block temperatures acting on the lubricant film, which are 

represented with respect to the compression ring positions (TDC, mid-stroke and 

BDC) under warm conditions illustrated in Fig. 45. These conditions correspond to 

hot NEDC phase. Such data were recorded from a high-performance thermal imaging 

camera, type FLIR SC660 with an image size of 640 pixels × 480 pixels and ±1% 

accuracy.  

380o 
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Fig. 45. Cylinder block temperature variation at 1500 rpm. 

The entire 2D CFD model of the ring-liner system was created here in the ANSYS 

Multiphysics suite. The analysis considers that 100% of combustion pressure acts 

behind the ring inner rim. In addition, the effects of the contact lubricant temperatures 

were assumed to be equivalent to the external cylinder liner temperatures. This trend 

can be explained because the small clearance of the ring–liner interface, as 

analytically proposed by Morris et al. [20]. In the current analysis, the properties of 

the lubricant within the contact were estimated using the average external temperature 

of the cylinder surface as input in thermal boundary conditions (see the corresponding 

procedure described in Section 2.4.7). 

Lubricant temperature plays a vital role in the ring-liner conjunction. Fig. 46 shows 

this impact in the total ring friction at engine speed of 1500 rpm. First, the total ring 

friction is higher at detonation point (φ =380ο) past the TDC reversal. It is a 

combination of Poiseuille flow (pressure-induced friction) and asperity interactions 

(boundary friction). This behaviour is expected owing to the reduced load carrying 
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capacity through low viscosity (see Eq. (13)) and the maximum in-cylinder pressure. 

This yields to mixed regime of lubrication in the transition from the compression to 

power strokes.  Second, viscous friction is slighter under hydrodynamic regime of 

lubrication because of the reduced lubricant viscosity. On the other hand, in the case 

of isothermal analysis, the viscous Couette friction is greater at the mid points of the 

piston stroke. This can be explained owing to higher viscous shear stress through 

lubricant viscosity: V
h


  .  Moreover, it is also clearly that the generated viscous 

friction follows harmonic the sliding speed because of viscous shear of lubricant. 

 

Fig. 46. Effect of lubricant temperature on total friction force predictions for a chromium plated 

compression ring (engine speed 1500 rpm). 

The effect of the contact lubricant temperature on minimum film thickness is 

presented in Fig. 47. At piston reversals, thin lubricant films promote asperity 

interactions between the ring liner and cylinder under thermal conditions. Note that 
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the corresponding lubricant film is quite thin in the region A1. As the ring sliding 

speed is increased, the Couette flow pronounces the ring-liner gap, forming thicker 

film at the piston midspan. It is also necessary to note that the higher viscosity leads 

to full-hydrodynamic regime when the thermal considerations are not account for. As 

a result, thicker films through higher lubricant viscosity, leading to increased viscous 

friction, which correspond in fact to cold steady state part of the NEDC cycle. This 

means that the temperature–engine speed combination may affect potential the overall 

engine efficiency in terms of energy loss and fuel consumption. 

 

Fig. 47. Effect of lubricant temperature on minimum film thickness predictions for a chromium 

plated compression ring (engine speed 1500 rpm). 

Afterwards, numerical results were obtained for an intact cylinder and a worn cylinder 

consists of one and two waves, respectively. Fig. 48 show the cross-sectional view of 

the ring-liner system and the corresponding simulated worn (wavy shape) profiles in 

detail. The corresponding amplitude of wave was assumed to equal with the value of 
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5 μm in this investigation.  The results have been extended to include the surface 

coating effects of the ring for two different cases. The first case deals with a 

chromium -plated compression ring and the second case with a Ni-Cr-Mo-plated top 

compression ring. The mechanical, thermal and tribological properties of the Ni-Cr-

Mo was obtained by Styles et al. [100].  

 

Fig. 48. Cross sectional view of the ring-cylinder system and the corresponding worn (wavy 

shape) profiles under investigation. 

In Fig. 49, the variation of the minimum film thickness is presented for the intact and 

the worn liners including thermal effects. Stribeck oil film parameter ( min
s

h



= ) is 

also provided in the figure, representing the boundary/mixed (1 3s  )  and 

hydrodynamic regimes ( 3s  ) of lubrication for the current analysis. It can be 

observed that the multi-lobed cylinder profiles promote moderate thinner films at 

piston reversals than a circular one (gray regions in Fig. 49). Therefore, the minimum 

film thickness is considerably affected by the higher axial bore distortions. This 

would occur owing to the large variation of pressure gradient into the contact: 

2

h
p   . However, as the sliding speed is increased, the minimum film thickness 

becomes higher for the worn cylinders promoting the full flooded or hydrodynamic 

conditions. For instance, regarding the case of two waves in the cylinder liner, the 

minimum film thickness has the higher value, which is approximately 5 μm. This 

trend was described before in Section 4.2.2 due to micro-hydrodynamic effect.   
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Fig. 49. Effect of cylinder wear on minimum film thickness predictions including thermal effects 

for a chromium plated compression ring (engine speed 1500 rpm). 

The effect of the multi-lobed cylinder profile on generated friction (viscous and 

boundary) is shown in Fig. 50. Clearly, in the case of thermal results, mixed 

lubrication exists around the dead centers, thus friction rise or fall concluding surface 

interactions and also tends to attend the piston sliding speed. It can be seen that the 

worn cylinder profile (Nw=2) corresponds to higher boundary friction at TDC reversal 

during the power stroke. In this case, the increment was significant 31 per cent than 

that of a complete circular cylinder shape. Note that the corresponding film thickness 

is quite thin enhancing asperity interactions, as shown in the gray regions in Fig. 49. 

Nevertheless, the low values of minimum film thickness would result in good ring 

sealing capability, which is its primary function. However, as the piston velocity is 

increased, the viscous friction falls for multi-lobed cylinders but increases oil loss. 

This is in line with the findings received by Rahmani et al. [18].  
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Fig. 50. Effect of cylinder wear on (a) viscous friction and (b) boundary friction predictions 

including thermal effects for a chromium plated compression ring (engine speed 1500 rpm). 

Large axial cylinder lobes with the lack of lubricant at dead centers for a thin top 

compression ring may be affected the ring integrity. For this reason, in Table 7, the 

local maximum ring deformation into the contact has been computed and compared at 

detonation point past the TDC. The local ring deformation is known as δp and is 

expressed as *
'

hyd

p

p
D

E



= (see Section 2.4.6 for further explanations).  The 

simulations were determined including thermal effects. It can be seen that the ring 

which is coated with Ni-Cr-Mo has the minimum deformation for every case 

examined (60.34 per cent less deformation than a steel ring in case of 2 waves and 

40.7 per cent in case of intact cylinder and 34.8 per cent, 31.4 per cent than the 

chromium-plated ring, respectively). Less deformation means less stresses and less 

ring tension, thus the Ni-Cr-Mo-plated rings have less possibilities to offer wear in the 

cylinder bore.  

Table 7. Maximum deformations at detonation point of steel, Cr- and Ni-Cr-Mo- coated 

compression ring. 

Detonation point (φ = 380ο) δp, max(μm) δp, max(μm) 

 
Ideal cylinder Worn cylinder (Nw=2) 

Steel piston ring 0.081 0.058 

Chromium plated ring 0.070 0.035 

Ni-Cr-Mo plated ring 0.048 0.023 
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Grey cast iron, ductile cast iron and steel are the most common base materials for all 

types of compression rings. However, chromium plating and flame-sprayed 

molybdenum are the most usual wear resistant coatings. Fig. 51 shows the boundary 

friction for a chromium plated and grey cast iron ring, through an oval-cylinder 

profile at low engine speed of 1500 rpm, including thermal effects. As observed, the 

asperity friction increased 16 per cent in the transition from the compression to power 

strokes for a cast iron ring than a chromium one. The inset to the figure shows the 

variation of lubricant temperature rise in the ring-cylinder interface. It is clearly that 

the low thermal conductivity of grey cast iron (kci = 55 Wm-1K-1) increases the 

lubricant temperature into the gap in the TDC region, forming a thinner film thus 

boundary interactions promote. In the case of chromium-plated ring, within the 

contact the lubricant temperature rises moderate because of the high thermal 

conductivity (kcr = 93.9 Wm-1K-1). Therefore, the ring surface materials play a 

significant role in lubricant conditions within the contact. However, when the engine 

conditions are more severe and oil starvation can be obtained, since a 3D ring model 

should be introduced.  

 

Fig. 51. Boundary friction and average lubricant temperature rise in various type of compression 

rings in conjunction with an oval cylinder. 
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4.4 The Effect of Surface Texturing in Ring-Liner Conjunction 

The main purpose of the present section is the evaluation of the influence of surface 

texturing on the performance of top compression ring conjunction. As mentioned 

before, the top compression ring is a primary contributor to frictional losses, thus the 

improvement of this conjunction can cause significant reduction of friction and 

contact wear. Firstly, this investigation has been undertaken by using the 2D 

axisymmetric hydrodynamic modelling described in Section 3.1. Particularly, a flat 

top compression ring is modelled from a two-stroke engine. The effects of spherical 

and rectangular micro-dimples are considered. Some of the results presented in this 

case study have been published by the author in reference [110]. Later, main emphasis 

on a thin barrel-faced top compression ring of a single-cylinder motorbike engine is 

given. In this second application case, the proposed CFD technique extended in 

Section 3.2  is considered including rheological properties, inlet reverse flow and 

outlet cavitation.  Furthermore, the influence of cavitation flow on the textured 

compression ring contact is evaluated as well to provide further information about 

their potential applicability of textures. The results presented in the second case study 

have been published by the author in reference [111]. 

4.4.1  Case I: Textured Flat Compression Ring Under 

Hydrodynamic Lubrication  

A set of simulations for a textured flat compression ring of single-cylinder two-stroke 

motorbike engine have been undertaken for the geometric and operational parameters 

listed in Table 8. The validated 2D Fluid-Structure Interaction (FSI) hydrodynamic 

model was used to investigate the tribological performance of the textured 

compression ring in terms of pressure, friction and mechanical stresses. The used flat 

ring profile and the chosen texture geometries are shown in Fig. 52. The 

corresponding texture geometries and its parameters are described in Section 2.4.3. 

These include partial surface texturing as mentioned by Kligerman and co-workers 

[37], which is clearly more potential for improved contact conditions. 
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Table 8. General data of the engine geometry and lubricant data. 

Parameter Value Unit 

Nominal cylinder diameter 56 mm 

Crank-pin radius 50 mm 

Rod length 110 mm 

Compression ring thickness 1.4 mm 

Compression ring width 3 mm 

Piston-ring end gap 1 mm 

Roughness of compression ring 0.785 μm 

Compression ring base material Steel ── 

Young modulus of elasticity for ring 201 GPa 

Compression ring Poisson's ratio 0.3 ── 

Lubricant density 850 kg/m3 

Lubricant viscosity  0.338 Pa.s 

Ambient temperature 20 oC 

Rotational speeds 500,750,1000,1250,1500 rpm 

 

 

Fig. 52. Schematic illustration of the textured compression ring and the general dimensions of a 

dimple cell. 
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The analyses are carried out at low engine speed of 1500 rpm. In-cylinder pressure 

values used in the current analysis are shown in Fig. 53. The engine speed 

corresponds to the cold NEDC. 

 

Fig. 53. Combustion pressure variation for an engine cycle at 1500 rpm. 

Fig. 54 shows the effect of the dimple depth over diameter ratio on the maximum ring 

friction. This analysis has been undertaken by investigating the spherical micro 

dimple geometry through the parameter:
2

d

pr



= . The results are presented for 

constant number of dimples (N= 10). It can be seen that for a given ε, the friction 

diminishes, while the dimple depth increases. Subsequently, Ronen et al. [36] have 

noted that this optimum ratio varies from about ε= 0.1 to ε= 0.2 (red area), while the 

proposed results without cavitation effects showed that this value was better between 

0.2 to 0.28 under different dimple diameters (green area). Recently, the corresponding 

optimum ratio has been shown to be advantageous by the experimental work of Hua 

et al. [44] who has thoroughly investigated the influence of spherical dimple depth 

and various other properties. It can also be concluded that the optimum texture 

performance depends on the configuration and the operational parameters. This can be 

explained because each texture configuration has unique effects per case of position 

and texture cell geometry.   
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Fig. 54. Dimensionless maximum friction force versus dimple depth over diameter. 

Afterwards, the effect of the spherical and rectangular micro-dimples on friction is 

examined. The results are described for constant numbers of dimples. Fig. 55 presents 

the variations in the generated dimensionless friction force at the engine speed of 

1500 rpm and for the two studied texture types. The corresponding geometrical 

parameters of micro-textures are illustrated in the graph. The dimensionless friction 

force is calculated as 
fltot

a a

FF

p A p A
 . This total friction belongs to shear stress of 

lubricant only. The viscous friction is expressed as ( )fl cF A A= − . Particularly, the 

viscous shear of lubricant film is obtained as 
2

h
p V

h


 =   −   where V  is the 

fluid velocity vector. The maximum friction occurs in the middle of stroke for the two 

studied case studies, following the ratio of sliding speed.  However, the case of 10 

rectangular dimples is the more beneficial case representing a friction reduction of 

10%, compared with spherical dimples. 
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Fig. 55. Effect of spherical and rectangular textures on dimensionless friction force predictions at 

1500 rpm. 

Afterwards, the effect of number of dimples is determined using the other geometrical 

parameters constant.  shows the dimensionless maximum friction of top compression 

ring with spherical and rectangular micro-dimples while the number of dimples is 

increased along the ring face-width. It is obvious that with the increasing of the 

number of dimples, the friction reduced. This trend can be explained owing to 

pressure perturbations within the ring-liner lubricated contact, a phenomenon known 

as micro-hydrodynamics [40].  Correspondingly, a greater contribution is noted on 

friction reduction by rectangular geometry (area ‘A’). For instance, using 8 number of 

rectangular dimples there is a large reduction of 51% in the maximum friction 

compared with untextured case. Furthermore, it was found that friction conceived by 

rectangular dimples has a substantial reduction than spherical dimples contribution, as 

well as the number of dimples was up to 5. 
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Fig. 56. Effect of number of dimples on dimensionless maximum friction at 1500 rpm. 

 

4.4.2 Case II: Textured Barrel Faced Compression Ring Under 

Thermo-Mixed Hydrodynamics Lubrication  

This analysis is reported here for a thin barrel faced compression ring of a four-stroke 

gasoline motorbike engine. The input flow conditions acting on the ring-liner contact 

are described in Section 4.2 of Chapter 4. The other geometrical, and surface 

topographical parameters are listed in Table 4 of Section 4.2.The CFD methodology 

outlined in Section 3.2  is also applied to this investigation.  

Fig. 57 and Fig. 58 show the minimum film thickness and total friction (viscous and 

boundary) variations calculated using an untexured barrel faced compression ring. 

The engine speed and lubricant temperature are 1500rpm and 40°C, respectively. This 

being the temperature of the cylinder bore for short period of operation of this motor 

engine. These correspond to cold start-up conditions of NEDC phase. Particularly, the 

mixed lubrication regime in this analysis is obtained when the Stribeck oil film ratio is 

(1 3s  ). At piston reversals, boundary and mixed regimes of lubrication are taken 
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place when the least lubricant film varies between 0.33 μm and 0.99 μm. With regard 

to the full hydrodynamic regime ( 3s  ), the minimum lubricant film varies between 

6 μm and 10 μm at mid-stroke points according to the part of the engine cycle. 

Especially, at piston reversals, the direct contact of asperities can promote the high 

total ring friction.  This is obvious in Fig. 58. Clearly, greater values of friction were 

addressed in the power stroke near to detonation point of 380o. Boundary and viscous 

friction are sincerely taken place together, representing this sharp rise of total friction. 

This effect caused because of thinner lubricant films where asperity interactions with 

Poiseuille flow induced by the higher combustion pressures within the contact are 

noted. At the middle of the piston stroke, the increment of sliding speed can lead to 

full-hydrodynamic regime; therefore, the ring profile is mainly supported from the 

lubricant film into the contact. It can be concluded that the viscous friction is 

harmonic following the line of ring sliding velocity. This trend is described by 

Couette flow through the second term of the following expression: 
2

h
p V

h


  − . 

 

Fig. 57. Minimum film thickness of untextured barrel faced compression ring at 1500 rpm.  
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Fig. 58. Total friction force of untextured barrel faced compression ring at 1500 rpm. 

The pressure mechanism including volume fraction of vapour into the ring-line gap is 

described in this analysis to support how the flow conditions (gas pressures, sliding 

speed and lubricant rheological properties) affect this conjunction.  In Fig. 59, the 

hydrodynamic pressure fields including cavitation region at dead reversals are 

illustrated. Clearly, the high loads from the combustion chamber and the low sliding 

speed, in the transition from the compression to power strokes through the TDC, 

increase the asperity contact region of ring profile with cylinder liner. This effect 

happens, as the ring moves slowly upward at TDC near to 359°. Afterwards, as ring 

reciprocates upward after the power stroke and near to BDC point (ϕ= 541°), the area 

of the ring contact decreased due to low combustion pressures and sufficient 

minimum film through the higher lubricant viscosity through low contact temperature 

of 40o C during cold NEDC phase. The expected trends on volume fraction of vapour 

are obtained in the figure. It can be concluded that the lubricant film rupture and 
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carrying load capacity are highly dependent on the working engine conditions and the 

type of contact. As a result, both phenomena may improve or not the ring-liner 

conjunction performance. 

 

 

Fig. 59. Hydrodynamic pressure fields and volume fraction of vapour at dead centers at 1500 

rpm. 

After discussing the effects of minimum film thickness and total friction under 

thermo- mixed hydrodynamics of a smooth barrel faced compression ring, it is 

necessary to investigate the impact of surface texturing on ring profile. The reference 

geometrical parameters of the micro-dimples are presented in Table 9 . 
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Table 9. Reference geometric variables of the micro-dimples. 

Surface texturing pattern Depth Radius Length Number of dimples 

Spherical shape hp=16 μm rp = 40 μm - 3 

Rectangular shape Hd = 4 μm - Ld = 80 μm 3 

 

A texture configuration with 3 dimples along the ring face-width is studied in this 

analysis. With respect to the texture type, the corresponding geometrical parameters 

and its position were obtained from the previous case study. Particularly, it should be 

referred that only the effects of textures, such as the depth and inlet position issues 

along the ring width, could be predicted. If more factors are needed to be examined, 

for instance, the pattern and distribution of texture cells, a 3D simulation model 

should be adopted. As a result, the main advantage of this configuration was that 

regarding the computational time, this was significantly reduced, and the simulation 

model was quite faster and easy than a three-dimensional ring model. Fig. 60 shows 

the variation of the average total friction and minimum film at higher combustion 

pressures between 0 to 40 degrees when spherical micro-dimples are treated on the 

face of barrel face ring.  
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Fig. 60. Average total friction and minimum lubricant film at higher combustion pressures from 

0 to 40° using spherical micro dimples at different depths. 

It is obvious that the average minimum friction is greatly improved, in the order of 

24%, using three spherical micro-dimples with depth of 10 μm. More specifically, the 

load carrying capacity is increased owing to the micro-hydrodynamics effect along 

the textured profile. This can also be explained due to location of textures through the 

inlet position as recently described in Morris et al. [46]. Afterwards, different dimple 

depths are studied to examine the ring performance. As can be seen, the friction 

predictions become worst as the depth increases. To investigate this situation, the 

mechanism of pressure and cavitation region are determined. Fig. 61 shows the 

volume fraction of the vapor and pressure profile for a partial spherical texturing for 

10 μm and 16 μm at the TDC reversal for very slow speed. It is noteworthy that the 

cavitation mechanisms do not contribute to the creation of hydrodynamic lift. 

However, the minimum lubricant film values for dimples with depth hp =16 μm 

enhance the development of a vapour volume fraction at outlet ring region and thus 

the friction increases. As the dimple depth increases to 18 μm, results show that the 

volume fraction of vapour at the ring-bore outlet conjunction is substantially 

enhanced near to the TDC location. As a result, the textured ring conjunction is 

negatively affected, promoting boundary interactions within the contact.  

Note that the concept of dimples depth is still a crucial research in order to improve 

the tribological parameters. The present investigation shows that for the parameter,

10
0.125

2 80

p

p

h m

r m





= = = , the highest benefit of average total friction reduction of 

24% appears when the number of dimples equals to 3 and its depth is 10 μm.  

Regarding the cases of 0,2 =  and 0.225 =  (described later in Case I), the average 

total friction is moderately increased for the current engine investigation. This can be 

explained because each texture feature has shown unique effects in various 

tribological contacts. Therefore, optimal performance of textured patterns needs more 

investigation in terms of texture type, its position and geometry. 
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Fig. 61. Volume fraction of vapour and hydrodynamic pressure field over a partial spherical 

texturing with 10μm and 16μm depths at TDC reversal. 

Fig. 62 shows the variation of the average total friction and minimum film at higher 

combustion pressures between 0 to 40 degrees as well the rectangular dimples depth 

varied. Several cases were examined regarding the effects of the rectangular dimples 

to ring face compared with the untextured ones. With respect to the rectangular 

dimple shape, the cavitation phenomenon does not occur at all. In the mixed-full fluid 

regime, the rectangular shape promotes fluid entrainment due to pressure built-up and 

wedge mechanism into dimples shape, thus the average film thickness increased 

greater than spherical cases. In this analysis, the study case of dimples with depth 4 

μm, showed dominant reduction of 34.7% related to smooth case.  

 



Tribology of Top Compression Ring 

Anastasios Zavos                     101 
 

 

Fig. 62. Average total friction and minimum lubricant film at higher combustion pressures from 

0 to 40° using rectangular micro dimples at different depths. 

In Fig. 63, the hydrodynamic pressure and local fluid velocity distribution in the ring-

bore conjunction at maximum combustion pressure is presented, when the piston 

moved downward at the power stroke. Clearly, the local flow conditions have a 

positive effect on the hydrodynamic support within the rectangular dimple (Position 

A). Particularly, the Rayleigh step effect is generated to each textured cell because of 

the major lubricant availability into the contact area. Hence the direct boundary 

interactions are significantly reduced. According to extracted results for surface 

texturing effect, rectangular dimples depth for 4 μm and 8 μm caused a higher average 

films thickness between 3.3 μm to 3.5 μm, while for case of 12 μm the minimum 

lubricant film falls to 3 μm. Moreover, rectangular patterns succeed to a potential 

improvement about total friction and minimum film thickness with respect to 

spherical texturing features. Note that the rectangular shape raised the load carrying 

capacity mechanism by the resulting wedge action. 
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Fig. 63. Hydrodynamic pressure profile over a partially rectangular textured barrel face and 

fluid velocity mechanism (position A) at maximum combustion point. 

Another important contribution was also achieved from the current investigation, 

concerning the very low speeds from 361 to 365 degrees at the TDC contact region. 

As can be seen, the extracted computed results have shown substantial increment of 

total friction for some spherical and rectangular cases. In specific, spherical texturing 

feature with depth 18 μm caused a greater increment of 79% than untextured at the 

TDC (φ =359ο), when the piston reciprocates from the compression to power strokes. 

At the same time, the rectangular micro-dimples with depth 12 μm showed moderate 

increment 24.3% compared to the results of the smooth case. Following these results, 

further investigation is needed regarding the surface texturing pattern position and 

dimples geometry along the ring face. This effect caused because of the interaction 

between the texture depth and cavitation region. As the texture depth is increased, the 

lubricant availability is enhanced; thus, the cavitation region can affect negatively the 

textured conjunction performance. 
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4.5 Original Contributions from Numerical Results 

The major contributions of the numerical results, which were highlighted above, are 

outlined in the following topics: 

• Conjugating surfaces of ring-liner system 

In conjunction with the cylinder surface, the ring profile affects the engine tribology. 

The proposed findings are briefly summarized in this section. In the case of a multi-

lobed cylinder profile, thinner films were predicted in the transition from compression 

to power strokes through TDC. Particularly, the boundary friction has shown almost 

31% more value than the intact cylinder. This finding can be explained because the 

low lubricant viscosity with large gaps promotes interactions between mixed 

lubrication and asperities in the ring-cylinder. As the piston velocity was increased, 

thicker films were obtained that showed a reasonably low hydrodynamic friction as 

the cylinder became more multi-lobed. 

In addition, the top compression ring design has an impact on the ring in-plane motion 

and its lubrication conditions at the points of contact between the ring and the cylinder 

liner. The findings show that a flatter ring profile has a sufficient minimum lubricant 

thickness at the reversal points and reasonably lower boundary friction than in the 

case of greater curvature. Furthermore, higher heights of the curvature profile 

promote significantly mixed lubrication in which the power losses and the burning of 

excess lubricating oil were increased. Still, as the ring face width became wavier or 

worn, the lubrication conditions were changed immediately in terms of the lubricant 

film, friction and flow rate. Indeed, the structural integrity of the ring strongly 

influenced the increased mechanical stresses within the piston groove, as there were 

thinner films and higher combustion pressures near the TDC region. This effect was 

also promoted because of the ring contact face geometry and topography during the 

wear process. 

• Lubricant properties and ring coating 

The temperature and ring coating play a crucial role in the ring’s behaviour. When the 

thermal effects were accounted for, the predictions in chromium-coated piston rings 

regarding the boundary friction showed higher values at piston reversals than in the 
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isothermal case. The important point was that the viscous friction was lower in the 

thermal case, and its main contribution was obtained at piston reversals.  

Indeed, for various manufactured surface finishes of a thin compression ring, the 

boundary friction and maximum ring deformation were predicted. In the case of a 

chromium-plated ring, the boundary friction was 16 percent lower than a grey cast 

iron ring after taking into account the thermal effects. With regard to the grey cast 

iron case, the rise of the lubricant temperature in the ring-cylinder conjunction was 

higher at the boundary interactions because of the low lubricant viscosity. Moreover, 

the Ni-Cr-Mo-plated ring also presented the smallest local deformation (60.34 percent 

less deformation than a steel ring in the case of a cylinder with 2 waves and 40.7 

percent less deformation in the case of an intact cylinder, as well as 34.8 and 31.4 

percent less deformation than the chromium-plated ring, respectively). This finding 

leads to less possibility for contact between the ring and cylinder, which means that 

the Ni-Cr-Mo-plated rings can offer less wear in the cylinder. 

Finally, the types of lubricants can also affect the ring’s behaviour. At low 

temperatures, monograde lubricants showed larger viscous friction values due to the 

high lubricant viscosity. Instead, using monograde lubricants, the viscous friction had 

lower values than was the case for the monograde lubricants. The reason is the lower 

lubricant viscosity for the same temperature conditions. Furthermore, as the 

temperature is increased, both type of lubricants showed slighter viscous friction due 

to low lubricant viscosity in the lubricated contact. Simultaneously, the proposed 

findings showed that the pseudoplasticity effect of multigrade oils improved the ring 

load capacity at higher temperatures compared with monograde oils. 

• Surface texturing on ring-liner tribological performance 

The surface texturing on the ring face-width is a promising method for improving the 

mixed-hydrodynamic ring-liner contact. The cavitation phenomenon also has an 

important effect on this conjunction. For the current engine investigation, the 

cavitation effect is promoted at the TDC reversal due to the high combustion and slow 

speed. In the case of surface texturing, local cavitation effects do not occur; thus, the 

pressure build-up is responsible for the micro dimples’ shape and position. 

Practically, the central partial surface texturing has shown potential performance in 

terms of the total friction and minimum film thickness under certain engine 
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conditions. The best approximation can be achieved with rectangular textures that 

have a flat bottom profile due to the wedge mechanism. 

A range of spherical and rectangular micro dimples were also investigated and 

compared. Spherical dimples with depth of 10 μm have shown remarkable friction 

reduction of 24% than the smooth case. The relationship between the dimple depth 

and diameter was examined for the case of spherical shape. Particularly, the optimum 

ration ε was stated for different top compression rings. The optimal values were 

0.1<ε<0.14 for a thin barrel faced compression ring. For a thicker flat compression 

ring, the optimum values were 0.2<ε<0.28. These findings caused because the 

dimples shape and position have a unique effect according to engine running 

condition (e.g. rotational speed and viscosity). Regarding the rectangular textures, the 

reduction of total friction was considerably higher 10.53% than the optimum of the 

spherical case. In practical terms, a rectangular dimple with depth 4μm reduces 34.7% 

the average total friction in relation with the untextured barrel face.  

At higher combustion pressures and very slow sliding speed near to the TDC region, 

several surface texturing patterns have raised worst results regarding the total friction 

values. Particularly, for the rectangular shape, with pocket shape and depth of 12μm, a 

moderate increment of 24.3% has been found. In addition, spherical dimples with 

18μm caused a higher increment of 79% than the case of smooth ring surface results. 

This trend shows that texture depth affects transient lubrication conditions within the 

contact through cavitation region. The previous contributions provide a proof of 

desirable top compression ring profile and lubrication conditions could lead to 

achieve economic performance. The top compression ring contribution to ring pack 

performance has increased from 13% in the 1980s to 27% recently. The current thesis 

results affirmed that using appropriate artificial ring face could help automotive 

industry to low frictional power loss.  
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Chapter 5 

Experimental Investigations 

 

5.1 Piston Assembly Friction Measurements in a Fired Engine 

The present experimental investigation aims to explore the piston assembly 

tribodynamics using a test rig in a fired engine. In this manner, the friction of the 

piston ring pack is evaluated using a foil strain gauge with minimal cylinder 

modification on the thrust side. The technique involves transmitting deformations 

through the cylinder bore and recording reflections from the lubricated interface as the 

piston assembly passes. The proposed methodology is designed under controlled 

operating conditions. Furthermore, the robustness and repeatability of measurements 

are provided in detail. The results presented here have been published by the author in 

references [112, 113].   

5.1.1  Test Engine Set-up 

A small size, four-stroke, 107cc, and air-cooled motorbike engine was used in this 

experimental work. The complete data of the modified motorbike engine was 

described in Section 4.2.1 in detail. Fig. 64 shows the set-up of the test engine 

including the basic components which is used to achieve the controlled operating 

conditions. This test engine was located on a removable platform and operated inside 

the laboratory. The operation of this test engine was controlled by a speed indicator, 

an air-condition device and a thermal imaging camera. The advantage of this test-rig 

included the simple sensor placement with minimal modification to the external 

surface of the cylinder block. 
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Fig. 64. The test engine set-up. The red dot box shows the basic components. 

Fig. 65 shows the in-cylinder pressure values at chosen engine speeds. The motor 

engine was operated at realistic speeds of 1000-2000 rpm. The combustion pressure 

measurements for both speeds were obtained at 50% throttle. As can be seen, the Top 

Dead Centre (TDC) reversal was obtained at the crank angle of 360 deg and the 

position of the maximum in-cylinder pressure occurs at the crank angle of 380 deg 

through the TDC in the power stroke.  
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Fig. 65. Combustion pressures at 1000 rpm and 2000 rpm. 

A fresh multigrade oil of SAE 10W40 MAX4 AMPOIL-grade was used for these 

experiments. The lubricant viscosity of the lubricant was measured using a capillary 

tube viscometer. The viscosity–temperature curve of the test lubricant is presented in 

Fig. 66. 

 

Fig. 66. Lubricant viscosity vs temperature of fresh semi-synthetic motor oil SAE 10W40 MAX4 

AMPOIL. 
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5.1.2 Strain Gauge Sensor Set-up and Calibration  

Fig. 67 presents the piston assembly within an engine, representing the generated 

stresses along the strain gauge region and the corresponding forces acting on the 

piston model. In order to prepare the cylinder block for direct measurements of strain 

and temperature, an appropriate section of the cooling fins was removed. The area of 

the sensor was machined with a thickness of 4 mm. Therefore, the deflections were 

moved and measured closer to the piston assembly. When the piston assembly 

reciprocates within this area, the gauge was pulsed, generating deformations through 

the liner surface. This was the only structural modification in the design of the test 

engine. Under these circumstances, it was not possible to mount the strain gauge at 

the TDC point because of the position of the cylinder head bolts. Thus, the gauge was 

bonded 20 mm from the TDC of the piston stroke.  

 

 

Fig. 67. Presentation of (a) the strain gauge sensor position and (b) the produced stresses and 

forces along the piston-assembly. 

A low-cost type N11MA512011 strain gauge of length 5 mm, nominal resistance, Rg 

=120 ohm and preinstalled wire has been used for the measurements. A fundamental 

factor of the strain gauge can be characterized by its sensitivity to strain, expressed 

quantitatively as the gauge factor (GF). The technical specifications of the sensor are 

given in Table 10. The table shows the main operating parameters of the sensor, such 

as sensitivity, gauge factor (GF) and working temperature. A strain gauge with a 

gauge factor GF = 2.1 will exhibit a small change in electrical resistance of only 

0.1%.    
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Table 10. Strain gauge technical specifications. 

Parameter Value Unit 

Gauge length 5 mm 

Gauge factor 2.1 - 

Gauge resistance 120 Ω 

Sensitivity 0.1% - 

Operating 

temperature 
-30 to 80 οC 

Fatigue life 
>106 reversals@ 1000μ 

strain 
- 

Terminal type Wire lead - 

 

The next plan in the experimental procedure is to control the function of the strain 

gauge sensor. The piston assembly operates in a reciprocating manner, stopping and 

reversing its motion at the reversal points. This complicated motion has a key role in 

generating stresses, which can be divided into thermal and mechanical in the 

longitudinal and circumferential directions of the cylinder bore. These mechanical and 

thermal stresses induce deformations in the cylinder liner; therefore, the analysis of 

such strains is prevalent. This research investigates this issue, particularly the role of 

the temperature and the piston side force, which primary affect the generated 

deformations on the piston and the ring-pack assembly in the axial direction. The 

thermal deformations are significant at higher engine speeds at the Top Dead Centre 

(TDC) reversal as mentioned by Hitosugi et al. [114] and Koch et al. [115] . To 

mitigate the aforementioned effects, this test engine was operated at low speeds and 

temperatures along the cylinder block, which were controlled using a speed controller 

and a portable air-conditioning device. In addition, the duration of the measurements 

was short (10 s); thus, the temperature remained stable.  

With respect to the piston side force, the piston-cylinder conjunction is also a 

contributor of deformations within an engine. This has been occurred because of the 

relation of the piston-ring pack friction and the piston side forces. The actual contact 
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between piston and cylinder undergoes an elastohydrodynamic regime of lubrication. 

Particularly, the piston stays at the thrust side during the combustion stroke, due to the 

large side force. The piston slides more inside the clearance during the exhaust and 

intake strokes, since the side forces are limited in the absence of significant cylinder 

pressure. It is possible to develop a complex numerical model for the piston thrust 

force that includes the effect of the pin force, the piston skirt force, and a full piston 

ring tribological analysis; however, Guzzomi et al [116] have reported that the 

simplified piston model can lead to valuable results in a fired engine at low speeds. 

Previous studies of Thring [117] and Mufti et al. [118] have also shown that the 

generated piston side force in the partially conforming piston and ring pack assembly 

interface is insufficient to cause any contact deformation at low speeds. The ring-pack 

friction is the main source of the engine friction. This trend is the same as that 

reported by Mufti et al. [118] for a different engine and working conditions. As a 

result, piston assembly friction is directly measured through the generated 

deformation along the cylinder block. This experimental procedure is sufficiently 

routine, but quite detailed in the design of the strain gauge technique. The calibration 

of the strain gauge sensor because of the thermal deformations is described later.   

To achieve the absolute measures of friction, the calibration of strain gauge should be 

made. As mentioned before, the operation of the gauge has a directly relation with the 

temperature during the engine tests. Before testing, the motorbike engine was 

reheated for each controlled engine speed, therefore the local cylinder temperature 

along the sensor area attempts to remain constant. More specifically, the cylinder 

temperature was controlled to a low temperature, owing to low engine speeds. To 

achieve these conditions, an air-conditioning device and a high-performance thermal 

camera were applied in front of the piston stroke. After temperature stabilisation, the 

reflection values were reset, due to thermal deformation of the cylinder bore. 

Experiments have shown that the thermal strain of the aluminium cylinder is 

approximately 21-24 μstrain/oC. Hence, the gauge set-up ensures that reflections on 

the liner are responsible for the piston assembly contact. It should be mentioned that 

the strain gauge was properly mounted onto the test specimen. For this reason, the 

gauge was bonded to the exterior cylinder surface using a high temperature adhesive 

Vishay BAK200. Incorrect adhesion can lead to incorrect results for desired values, 

such as gauge resistance, gage factor and hysteresis characteristics. The curing 
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process for an adhesive is critical, due to temperature expansion. This issue was 

followed properly to avoid imminent distorted results. 

Fig. 68 shows the basic instrumentation of the test engine for measuring cylinder 

deformations in real-time. To analyse the signals, a PC used with a data analysis card 

of the national instruments type NI PCI-6251 was used including the following 

features: 1.25 MS / s and 16 Analog Inputs. The strains were captured and analysed 

using the LabVIEW program. The first quarter bridge configuration (Type I) was used 

to obtain the generated deformations. This is most used in experimental stress study, 

where the ambient temperature is relatively constant.   

 

Fig. 68. Schematic view of the test engine with acquisition system.  

Fig. 69 presents the signal analysis for measuring friction through cylinder 

deformations. The export data were obtained for a period of 10 s. Under the 

aforementioned set-up, it was not easy to take an absolute measure of crank angle 

position for each reflected deformation. However, the differences for each engine 

stroke were sufficient in order to separate and to recognize the engine cycles. To 

extract the cycles from the deformation data, a custom-written code was used to 

identify and stretch the similar matching events according to the engine speed. To 

overcome the lack of strain measurements, a data analysis card type NI PCI-6251 was 

used with a high sampling rate of 1200000 samples per second.  
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Fig. 69. Signal analysis or measured friction evaluation. 

Clearly, taking all the measured deformations into account, the tribological 

phenomena in relation to the produced forces for each engine stroke can be explained. 

Therefore, the friction force in the tests was obtained using the relationship:

fr s cylF A E= , through measured strain ε along the strain gauge area As through the 

aluminium cylinder bore surface.  

 

5.1.3 Limitations of the Strain Gauge Sensor 

The requirements of the experimental method have extremely dominant role to obtain 

actual friction measurements at the compression ring-liner conjunction. Therefore, the 
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authors think to describe the major challenges of the current technique. The 

restrictions and robustness of the procedure are summarized and presented as follows: 

• The lubricant behaviour in the compression ring-liner contact: In the case of mixed 

and hydrodynamic regimes of lubrication, which is the larger part of the ring-liner 

conjunction, the properties of the lubricant are significant. The pressure and 

temperature within the contact have a significant effect on the bulk modulus of the 

lubricant. This trend is obvious in numerical investigations of the ring–cylinder 

contacts; however, this issue is a challenging part of real in-cylinder applications, 

because the test rigs need more extensive modifications in order to control all the 

tribological phenomena. As observed, the operating conditions would affect the 

overall piston assembly performance through the temperature and lubricant properties 

along the piston stroke. For this purpose, the tests were performed at controlled 

conditions. Nevertheless, the actual behaviour of oil in the piston-cylinder conjunction 

is critical for investigation of friction mechanisms; thus, there is a need to optimize 

the design of the test rig. 

• Strain gauge installation: The suggested method of the foil strain gauge sensor is 

direct adhesive mounting with a quick-bonding gel. Proper mounting is important to 

good sensor performance. The cylinder bore surface must be clean and dry before 

applying the adhesive. Incorrect adhesion can lead to incorrect results for 

corresponding paramters such as gauge resistance, gage factor and hysteresis 

characteristics. This process was properly followed during this investigation in detail. 

• Strain gauge sensitivity: The size of the foil strain gauge sensor has a key role to 

capture the true friction force, particularly at the ring contact along the piston stroke. 

This issue was also obvious in other techniques [119]; however, improvements can be 

made increasing the number of sensors. Furthermore, this set of experiments has 

shown that the foil strain gauge can operate at low temperatures on the exterior 

surface of an air-cooled engine. The operating temperature of the used foil strain 

gauge is varied between -30 oC to 80 oC.  However, the test engine can operate under 

warm conditions, where the temperature can be excess of 80 oC. Since there is a need 

to use a more specific strain gauge in order to measure the friction. This issue is a part 

of ongoing research. 
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• Noise and vibrations: The frictional losses of the piston system are complicated 

because of vibrations, noise and cycle-to-cycle variation when engine running. The 

generated noise and vibration of the piston assembly are key parameters that influence 

strongly the friction measurements in a fired engine. Near TDC, large combustion 

pressure through poor lubrication regime is encouraged giving higher noise level on 

the liner. In this analysis, the signals are filtered utilizing the Hilbert Huang method to 

reduce the engine noise. This procedure was implemented in the MATLAB 

environment and was used to evaluate the level of noise in friction measurements.  

Hilbert-Huang Transform (HHT) is a time-frequency analysis technique introduced 

by Huang to process non-stationary signals [120]. Combining the EMD method and 

the Marginal Spectrum, the measured friction was filtered and predicted based on the 

Intrinsic Mode Function (IMFs) for each case. Such detailed methodology is defined 

in Appendix E and will be here suppressed for shortness. Fig. 70 shows the trend in 

the average measured and filtered friction results for different stroke positions at 1000 

rpm. Clearly, it can be observed that the measured friction remains almost similar 

with filtered value in the areas of low combustion pressure; as the effect of generated 

noise is not superior. However, elsewhere higher combustion pressures constitute 

increased noise level which results in a slightly reflection in the measured friction. 

This can be explained because the strain gauge has a distance of 20 mm from the TDC 

reversal, owing to the position of the cylinder head bolts. Thus, the impact of these 

reflections is approximately 2-5 N, which is in fact insufficient to influence the 

robustness of measurements. Further information on repeatability of measurements 

can be found in the following section. 
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Fig. 70. Measured and filtered friction for different stroke positions at 1000 rpm. (Engine speed: 

1000 rpm and Temperature: 26oC. 

5.1.4 Repeatability of Friction Measurements  

The repeatability of the measured friction data has been plotted and presented in the 

Fig. 72 and Fig. 73 at different low engine speeds. The results correspond to two 

continuous engine cycles in order to achieve all the controlled test conditions per 

engine cycle. The chosen lubricant oil is a fresh multigrade oil SAE 10W40 type of 

MAX4 AMPOIL, and the average external temperatures of the cylinder block are 

approximately 26 oC and 34 oC using a thermal imaging camera for the two studied 

engine speeds (Fig. 71). 
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Fig. 71. External cylinder block temperatures at 1000 rpm and 2000 rpm. 

Fig. 72 shows the results of the friction measurement at the engine speed of 1000 rpm 

for a maximum combustion pressure of 2.51 MPa. The corresponding calculated 

piston velocity is also shown in the inset of figure. The friction results have shown 

good repetition between tested cycles. Little variation is indicated between strokes, 

showing that the piston and ring-pack assembly are not supporting a high varying 

combustion load. The standard difference generally is below 5 N. This behaviour 

agrees with experimental results by other researchers [52, 62, 121][], giving friction 

measurements of similar magnitude erring on the piston assembly. Additionally, the 

surface topography and the lubricant behaviour are critical factors which can affect 

the measurements along the piston stroke. In the described test, the maximum 

measured friction values are observed at the instant of combustion in this test engine 
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(crank angles of 380o and 1100o). The maximum combustion pressure increases the 

pressure gradient, which together with the asperity friction result in a high amount of 

the measured total friction at piston reversals. The results clearly showed the sharp 

rise of the measured friction of the piston assembly system. The positions of the 

boundary or mixed and hydrodynamic regimes of lubrication are diplayed by the red 

dotted and green dotted arrows. The relatively low piston speed and high combustion 

load are responsible for higher friction values at the dead centers (red dotted arrows). 

The maximum friction is measured at 127 N in this case. Particularly, the prevailing 

regime of lubrication is mixed, with thin films encountering asperity interactions. As 

the piston speed increases, the Couette flow undergoes piston-cylinder clearance and 

the viscous friction is almost harmonic, in line with the piston speed (green dotted 

arrows). As observed, the viscous friction reaches a greater level during the power 

stroke than in other strokes, due to the high gas pressure, the velocity and the 

lubricant viscosity. The corresponding maximum viscous friction is measured at 38 N 

during the power stroke, when the maximum piston velocity is 2.61 m/s. 

 

Fig. 72. Measured friction force for piston assembly at 1000 rpm with external cylinder 

temperature of 26 °C. 
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Fig. 73 shows the measured friction data for two continuous engine cycles for a 

maximum combustion pressure of 3.38 MPa. The average external temperature of the 

cylinder block is approximately 34 oC. The presented data shows good consistency 

between two engine cycles, with the standard deviation being less than 5-7 N. Again, 

the higher measured friction values are observed at the instant of combustion (crank 

angles of 380o and 1100o). More specifically, the maximum friction is measured at 93 

N. Clearly, these locations are shown using the red dotted arrows in Fig. 73. 

Furthermore, the hydrodynamic lubrication is also prevalent in the middle of the 

piston stroke, as shown in the positions from the green dotted arrows. The maximum 

viscous friction is measured at 50 N during the power stroke, when the maximum 

piston velocity is 5.23 m/s. This implies higher frictional losses and fuel consumption. 

 

Fig. 73. Measured friction for piston assembly at 2000 rpm with external cylinder temperature of 

34 °C. 
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5.1.5 The Effect of Engine Conditions on Piston Assembly 

Friction 

In this section, the impact of engine speeds and cylinder temperatures is presented and 

discussed. The experiments were carried out at realistic speeds of 1000–2000 rpm. 

The engine speeds were chosen according to the New European Drive Cycle (NEDC)  

[122, 123]. The corresponding speeds have shown significant power losses in city 

driving during start-up period (cold conditions). 

A. The Impact of Engine Speed  

Fig. 74 shows a comparison of the measured friction for the cases of 1000 rpm and 

2000 rpm during an engine cycle without load, corresponding to lower cylinder 

temperatures.  

 

Fig. 74. Measured friction comparisons for two realistic idle engine speeds. 

Two regions can be represented to evaluate the relative differences. One (A1) is the 

average variation in the friction measured by the two engine speeds at the TDC and 

BDC reversals (crank angles of 340o-380o and 540o-560o). It can be seen that the 
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higher engine speed can lead to lower boundary friction, particularly at the TDC and 

in the transition between the compression and the power strokes. On the other hand, 

when the sliding speed is quite slow, the increment of the boundary friction is 

significant as well the prevailing regime of lubrication is boundary-mixed. At the 

TDC region (crank angles of 340o-380o) for the engine speed of 1000 rpm, the 

average measured friction increases by 28% compared with the higher engine speed 

of 2000 rpm. Simultaneously, at the BDC region (crank angles of 540o-560o), the 

average measured friction rises substantially by 36% in relation to the results of 2000 

rpm. The boundary interactions in this case are dominant. With regard to the second 

region (A2), it is obvious that higher engine speed increases the average friction by 

11.9% in the middle of intake and exhaust strokes, compared with the lower speed 

case. Obviously, when the piston speed is increased to 5.23 m/s, the viscous friction at 

the mid-points may be much higher than that at the idle sliding speed of 2.61 m/s. 

This is in line with the expression for the viscous shear stress and piston linear 

velocity:
2

h
p V

h


 =   − . As observed, the viscous friction is also affected by the 

reduced lubricant viscosity, due to higher temperature, which would lead to a mixed 

regime of lubrication in some parts of the engine cycle. More specifically, the 

measured lubricant viscosity falls to 0.139 Pas at an engine speed of 2000 rpm while 

the lubricant viscosity is approximately 0.257 Pas at 1000 rpm over a short transit 

time. Since there is a reduction in lubricant viscosity, this enhances increased asperity 

interactions within the piston assembly contact. 

 

5.2 Noise in a Fired Engine 

In this section, the piston assembly noise is recorded on the thrust side of the engine 

block using a microphone. This analysis is taken into account possible piston slap 

events from varied engine speeds using continuous wavelet signal analysis. 

Furthermore, the influence of engine speed on noise of the piston assembly system is 

evaluated showing the relationship between the friction mechanisms and piston slap 

phenomenon. Some of the results presented in this investigation have been published 

by the author in reference [113]. 
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5.2.1 Test Engine Conditions and Measuring System 

Today, mechanical noise has been widely investigated in condition monitoring of 

internal combustion engines [124-131]. Valves, gears, bearings and the piston 

assembly are the major sources of noise inside the Internal Combustion (IC) engine.  

This engine was tested in the laboratory to minimize the outside noise of the natural 

environment. However, the air-condition device causes some uncertainties in the tests. 

The contribution of this noise was not directly measured; since the extracted noise 

signals were filtered to investigate the mechanical events such as the piston slap. The 

schematic view of the noise measurement experimental set-up including the frequency 

sensitivity of the microphone is illustrated in Fig. 75 . 

 

Fig. 75. Presentation of experimental set-up for the measurement of engine noise. 

An appropriate device which could record the measurements of the noise level was 

used. This device was a SVANTEK 948 Sound and Vibration Analyser. The main 

technical specifications are given in Table 11. 
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Table 11. Sound and Vibration Analyser SVANTEK 948 technical specifications. 

Parameters Value 

Meter Mode Results 

SPL, Leq, SEL, Lden, Ltm3, Ltm5, 

LMax, LMin, LPeak, “running 

Leq” up to 60 minutes 

Dynamic range >100 dB 

Frequency range 10 Hz-20 kHz with microphone 

Sampling rate 51.4 kHz 

Microphone sensitivity 50 mV/Pa 

Environmental conditions -10 oC to 50 oC 

 

It contains four digital sound and vibration channels, that can work simultaneously, 

large internal memory and the measurements results can be analysed in the 

SVANTEK PC ++ software. The noise was recorded using a SV 12L microphone pre-

amplifier. The unit meets the IEC 1094 standard requirements for the measuring 

microphones. The sensor converts the noise signal to an electrical signal and sends it 

to the pre-amplifier. Its sensitivity is very high with a reasonably response (± 0.1 dB 

variations) over the frequency range 10 Hz to 20 kHz, as shown in detail A in Fig. 75. 

The rugged stainless-steel case and ceramic electronic board ensure maximum 

reliability and high performance. Prior to the measurement of the noise level, the 

device SVANTEK 948 was calibrated using the associated calibrator SVANTEK type 

SV 30A with half-inch housing. All the test data was recorded and stored in the 

SVANTEK PC ++ environment with a maximum sampling rate of 51.4 kHz. The 

sound pressure level (SPL) was captured from this device to describe noise levels at 

the thrust side. The main equation of the sound pressure level (SPLi,j) is expressed as 

follows [130]: 

( )

,

,

TS , 2

( )

(SPL ) 10log 10log
4

w i j

a i j o

i j

ref cyl

L

P s

P d

   
 = +  

  
  

                           (48) 

where Lw is the sound power level including the acoustic power, Pa, and reference 

power Pref . os is the acoustic field factor; a semi-spherical acoustic field is considered 

in this case with 2os = , and dcyl is the distance from the cylinder block. 
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5.2.2 Method of Piston Slap Analysis 

The piston slap due to piston secondary motion is a major source of mechanical noise 

and vibration within an modern engine [126]. According to the previous published 

studies, the operating frequencies of the piston slap events can be varied in the range 

of 1000-3000Hz [125], 500-2000 Hz [128] and 450–3500 Hz [130, 131] . In the 

current study, the extracted noise signals were filtered in the range of 450–3500 Hz. 

To evaluate piston slap events, noise signals were analysed using the wavelet 

transform technique. The wavelet transform technique is usually applied to express 

highly nonlinear dynamics phenomena [132]. The Continuous Wavelet Transform 

(CWT) is one method of investigating the time-frequency details of data whose 

spectral content varies with time (non-stationary time series). The wavelet transform 

with the wavelet ψ of a signal f(t) is used in MATLAB and is given by: 

( , ) ( )f p t b
W a b a f t dt

a
 



−

− 
=  

 
                   (49) 

where ψ is the analysing wavelet, a is a dimensionless frequency scale variable, b is a 

time-like translation variable and p is a real normalization parameter. In this analysis, 

the analyzing wavelet ψ is the complex Morlet wavelet, which is sometimes called 

Gabor wavelet; and it is defined as:  
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where f0 is a frequency parameter and c is a damping parameter, with units of time. 

This formula describes a time-domain function that is the product of a Gaussian and a 

complex exponential, in which the center frequency is f0. In detail, the Morlet function 

is common used in the time frequency analysis of acoustic signals. To attain the best 

conformance between analytical predictions and experimental measurements, the 

CWT parameters were defined accordingly. After numerical tests, the damping 

parameter c was chosen as c = 0.001. This value shows more oscillations in the 

analyzing wavelet, leading to improved frequency localization. As a result, the 

frequency features of the piston slap phenomenon become superior within the output 

noise signal, in the points of interest, and can be clearly predicted. 
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5.2.3 Validation of Methodology 

It is important to validate the noise measurement methodology against known 

experimental predictions. Dolatabadi et al. [130] measured the engine noise using 

microphones at the thrust and anti-thrust sides of the engine block. They have 

presented a complete set of engine data for their tests. They also provided 

measurements of filtered SPL for a variety of speeds under low loads (with the engine 

speed being in the range of 3500 rpm to 4250 rpm).  

Fig. 76 shows a comparison of the average filtered noise between the experimental 

results of  Dolatabadi et al. [130] and the current measurements for the cases of 1000 

rpm and 2000 rpm at the thrust side of the engine block. An increase in engine speed 

has shown higher noise level. It can be seen that the average filtered noise values are 

increased quantitatively. In the results of Dolatabadi et al. [130], the average filtered 

noise levels are approximately 4 Pa (SPL=106.04 dB) for 3500 rpm and 5.93 Pa 

(SPL=109.45 dB) for 4250 rpm at the thrust side. It is evident that there is a 

difference owing to the higher engine speed.  

 

Fig. 76. Average filtered sound pressure values comparisons on the thrust side for the present 

work and the experimental data of Dolatabadi et al. [130]. 

A very similar trend was observed for measured noise signals of the current work. 

More specifically, the average filtered sound pressure increased from 1.46 Pa to 1.98 
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Pa at the thrust side when the engine speed increased from 1000 rpm to 2000 rpm. 

However, a deviation from the experimental measurements of published study is 

noticeable. The reason for this is that the measurements were taken from the thrust 

side of a Honda CRF 450R single-cylinder, 4-stroke high performance race engine 

under higher engine speeds and low loads [130]. Therefore, the gas forces, the inertia 

forces and the lubrication conditions of the piston assembly are predominant, which 

would bring some difference between the given results. 

 

5.2.4  Measured Noise and Piston Slap Events 

Fig. 77 and Fig. 78 show the variation of the filtered sound pressure values at 1000 

rpm and 2000 rpm during two continuous engine cycles without load. Those tests are 

used to show the transient nature of the piston assembly system at idle engine speeds. 

The average external cylinder bore temperatures are 26o C and 34o C for 1000 rpm and 

2000 rpm during the tests.  The corresponding cylinder pressures are presented in the 

upper portion of figures. The sound pressure is evaluated at a distance of 30 mm from 

the cylinder block on the thrust side.  
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Fig. 77. Filtered sound pressure values vs crank angle for two engine cycles on the thrust side at 

1000 rpm with no load. 

The measured noise signals have been filtered using the frequency range of 450–3500 

Hz. Clearly, the filtered noise signals are almost qualitatively repetitive. However, the 

amplitude of noise level can vary for similar events. For instance, at crank angles of 

0o and 1440o in Fig. 77, there is little variation in filtered noise during two continuous 

engine cycles. This trend occurs because the piston assembly does not supporting the 

varying combustion pressure during engine cycles, which can be affected by the axial 

motion of the top compression ring [121]. As a result, the lateral side force and the 

inertial forces on the piston assembly can affect the radiated noise through cylinder 

bore. This behavior is notably observed at the vicinity of the TDC when the piston 

assembly passes states from compression to power stroke, as shown in positions {A, 

A´} and {B, B´}. This response is expected because the piston assembly is exposed to 

high contact loads (i.e. high combustion pressures) and low lubricant films. The same 
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trend is illustrated in the noise measurements when measuring higher engine speeds of 

2000 rpm (see Fig. 78). With an extremely thin lubricant film at the instant of 

combustion (crank angles of 380˚ and 1100o), the piston and ring-pack assembly is 

imposed in the boundary/mixed lubrication. Thus, the lateral side force and the 

inertial forces of the piston assembly system account for a large proportion of radiated 

noise.  

 

 

Fig. 78. Filtered sound pressure values vs crank angle for two engine cycles on the thrust side at 

2000 rpm with no load. 

Afterwards, the prediction of piston slap was determined in the extracted noise signals 

through 2D-Continuous Wavelet Transform (CWT) during two engine cycles. The 

signal analysis is implemented in the environment of MATLAB. As already 

mentioned before, the noise signals correspond to 1000 rpm and 2000 rpm, 

respectively.  
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Fig. 79 and Fig. 80 show the relationship between the high energy generation and the 

filtered sound pressure values for two low engine speeds. The higher energy 

contribution is obtained from Continuous Wavelet Spectra (CWT). The corresponding 

filtered sound pressure values are shown in the lower portions of figures. The 

numerical results show, under the low engine speed corresponding to 1000 rpm, that 

possible piston slap events occur at 0.017 s (1), 0.051 s (2), 0.078 s (3) for the first 

engine cycle, and at 0.138 s (4), 0.161 s (5) and 0.175 s (6) for the second engine 

cycle. It is obvious that six events occur during two engine cycles. This is in good 

agreement with similar results presented by Geng et al. [129]  and Dolatabadi et al. 

[130, 131]. In addition, it is found that the high energy contribution is prevalent in the 

frequency range of 500-1500 Hz. An increase in combustion chamber has shown 

higher energy contributions, as shown in positions {A, A´}. This trend is in good 

relationship with filtered sound pressure values. Particularly, the main contributions 

are located at 0.078 s (3) and 0.175 s (6), when the piston assembly hits the thrust side 

at the beginning of the power stroke, due to the maximum piston lateral force.  
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Fig. 79. Continious Wavelet Spectra of the filtered noise on the thrust side at 1000 rpm 

concluding the possible piston slap events. 

The same trend is observed in the results when the engine speed is increased to 2000 

rpm. The estimated piston slap events are located at 0.0094 s (1), 0.02 s (2), 0.031 s 

(3) for the first engine cycle, and at 0.0735 s (4), 0.091 s (5) and 0.099 s (6) for the 

second engine cycle. Clearly, the maximum energy contribution varies between 500 

and 2000 Hz. As shown in Fig. 80, when the piston assembly slides from the 

compression to combustion stroke, the highest energy is obvious at a frequency of 

2000 Hz, owing to the greater combustion load resulting in a high amount of the 

piston lateral force for a short duration. This is also clearly in the filtered sound 

pressure results where the level of noise has the maximum level, as shown in 

positions {B, B´}.   
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 Fig. 80. Continious Wavelet Spectra of the filtered noise on the thrust side at 2000 rpm 

concluding the possible piston slap events. 

 

5.3 Measurement of New Thin Top Compression Ring Friction 

in a Fired Engine 

The main target of the present experimental investigation is the measurement of new 

thin top compression ring friction. In this manner, friction is measured directly under 

fired engine conditions in a single-cylinder four-stroke motorbike engine. The strain 

gauge technique is applied to measure the friction, owing to the contribution of the 

top compression ring conjunction. The measured friction data is compared with the 

full CFD technique described in Section 3.2. A measured ring profile is modelled 

using realistic topographical parameters for the present investigation. The cylinder 
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liner profile is also admitted unchanged since the present evaluations are focused on 

the ring surface topography. The results presented here have been published by the 

author in reference [133]. 

5.3.1 New Thin Compression Ring Surface Topography 

The investigated top compression ring is a new hard chrome-plated thin ring. The 

image and the face-width profile of the new compression ring are shown in Fig. 81. 

The image of the new thin compression ring is obtained using the Leica Light 

Microscopy. The ring face width profile is measured by a portable profilometer. The 

terms   and 


are obtained using the basic theory as described by Arcoumanis 

et al. [134]. Table 12 lists the properties and roughness parameters of the examined 

ring-liner system.  

Table 12. Properties and surface topographical parameters of the used ring-liner system. 

Parameter Value Unit 

Ring material Hard chromium plated steel - 

Ring axial face-width (b) 0.5 mm 

Ring radial thickness (w) 2 mm 

Piston-ring end gap (dgap) 0.2 mm 

Modulus elasticity of ring material (Er) 279 GPa 

Poisson ratio for ring material (Er) 0.21 - 

Cylinder material Aluminium - 

Modulus elasticity of cylinder material (Ecyl) 70 GPa 

Poisson ratio for cylinder material 0.33 - 

Ring surface roughness (Ra, R*pk, Rk) 0.308, 0.71, 1.1 μm 

Cylinder surface roughness (Ra) 0.15 μm 

Roughness parameter (ζκσ) 0.048 - 

Measure of asperity gradient (σ/κ) 0.116 - 

 

These data are taken through the HOMMEL TESTER T500 surface measurement 

device based on DIN 4768 and ISO 4287/1. To reflect real working conditions in the 

compression ring-liner conjunction, the initial conditions in the new ring are 

represented by the average height of these peaks *

pkR . This assumption is fully 
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described by Gore et al. [17]. They concluded that this statistical parameter is 

particularly best to obtain the actual boundary friction in the ring-bore conjunction 

during the initial wear process. 

 

Fig. 81. Photo of new thin compression ring and its face width profile. 

The compression ring profile is not symmetrical caused significant changes in the 

contact, hence it is necessary to analyse the actual ring profile. Morris et al. [21] 

showed the influence of the ring face width profile and topography on friction and 

lubrication. They concluded that ring shape has a key role to the lubricant flow into 

the contact, which would result in oil loss and increased asperity friction. Therefore, 

the new compression ring axial profile is analysed by a 6th order polynomial curve in 

the present study. The corresponding actual new thin compression ring profile is 

expressed as: 

6 5 4 3 2( ) 96.143 160.07 110.72 39.621 7.9159 0.8826 0.0456sh x x x x x x x= − + − + − +  (51) 
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where sh  is the new thin ring face-width profile in μm and x is the distance along the 

ring profile in mm. 

For this investigation, the ring-liner interface can be expressed as: 

( )min( , , ) ( ) ( ) ( , ) ( , )s th dh x y t h t h x p y t y t= + + +  +                                                  

(52)     

where minh  is the minimum film thickness with time and ( )p  is the local contact 

deformation. th  and d  present the thermoelastic and elastodynamic deformation of 

the ring or the cylinder liner. In particular, the work of Zavos and Nikolakopoulos 

[109] show that the maximum deformation was ( ) 0.07p =  μm for a hard-chrome 

plated thin compression ring, which is insignificant for similar engine conditions. 

Furthermore, the effects of thermoelastic and elastodynamic deformations by 

mechanical vibrations of the ring-bore interface are not included in the current 

analysis, which can lead to more complex model upon the computation time.  The 

cylinder liner used in this test engine is a new cross-hatched honed surface. The 

cylinder bore material is aluminium alloy with high content of silicon. It should be 

noted that the cylinder surface is assumed to be Gaussian in this case, which is not 

occur practical. However, during initial engine conditions, the cross hatched honed 

liner can lead to plateau surface where the variation of asperity heights can be 

expressed by a Gaussian distribution as demonstrated by Gore et al. [17].  

 

5.3.2 Test Conditions 

The test engine is operated at actual engine speed of 2000 rpm lubricated with a fresh 

engine oil SAE class 10W-40. The in-cylinder pressure and the cylinder temperature 

conditions are taken at 50% throttle. The combustion pressure and the piston sliding 

velocity are illustrated in Fig. 82.  
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Fig. 82. Variations of in-cylinder pressure and piston sliding velocity at engine speed of 2000 

rpm. 

The corresponding average cylinder temperature is 34 oC over the first minutes of 

cold running. These conditions were chosen for the simulation of the low speed 

NEDC, which correspond the cold running conditions. The lubricant rheological 

properties at atmospheric pressure are given in Table 13. The lubricant viscosity was 

measured using capillary tube viscometer EH105 from DELTALAB. To reflect real 

cold start conditions, the cylinder temperature was measured using data from a high-

performance thermal camera type: FLIR SC660 with 640×480 resolution and ±1% 

accuracy.  

Table 13. Rheological properties of semi-synthetic motor oil SAE 10W-40 AMPOIL. 

Parameter Value Unit 

Lubricant density 870.8 @ 15oC, 838.4 @ 40oC kg/m3 

Lubricant kinematic viscosity 97.7 @ 40oC, 14.4 @ 100oC 
x 10-6 

m2/s 

Pressure-viscosity coefficient 2 × 10-8 m2/N 

Thermal expansion coefficient 6.5 × 10-4 1/K 
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5.3.3 Methodology of Compression Ring Friction Measurement 

In order to measure the new thin compression ring friction, a number of different tests 

are performed in the motor engine. Two different configurations are examined to find 

the contribution of the compression ring friction in the overall piston assembly. The 

top compression ring, the twin land oil control ring and the piston skirt are contained 

in Assembly 1. On the other hand, the twin land oil control ring and the piston skirt 

are used in Assembly 2. All the tests are performed at the engine speed of 2000 rpm 

with temperature of 40o C. The results of repeatability tests are analytically presented 

and discussed later. All the experimental results shown in this study correlated to the 

validation of the tribological CFD model only.  

 

5.3.4 Contribution of Measured Compression Ring Friction 

Fig. 83 shows measurements for Assembly 1 and Assembly 2 from the strain gauge 

sensor as the examined assembly passed over this, for two continuous engine cycles. 

Those tests are used to show the repeatability of measurements and the major 

contribution of the top compression ring conjunction. This data is taken at 10 sec in 

order to succeed the controlled conditions. A similar pattern of behavior is evident in 

these tests between the Assembly 1 and Assembly 2. The maximum friction value is 

observed at the instant of combustion (crank angle of 380o) for examined cases. As 

expected, the maximum combustion pressure increases the pressure gradient, which 

together with the boundary interactions result in a high amount of the measured total 

friction in the transition between the compression stroke to the power stroke. 

Additionally, the measurements between two continuous engine cycles have shown 

good repeatability and stability. In the case of the Assembly 1, the maximum total 

friction is varied between 182.3-165.6 N for two continuous cycles when the top 

compression ring is included. Good repeatability is observed especially around the 

TDC reversal. The standard difference generally is below 5-15 N. This is because the 

applied assembly is not supporting the varying combustion pressure during engine 

cycles, which can be mainly influenced by the axial motion or flutter of the top 

compression ring. In addition to this, the surface topography and the oil behaviour can 

affect the measurements along the piston stroke. This behaviour was also noted to 

experimental works by other researchers  [62, 135] giving friction measurements of 
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similar magnitude erring on the piston system. The same trend was also seen in the 

friction measurements using the twin-land oil control ring only. However, the friction 

contribution was slighter. In the case of the Assembly 2, the maximum total friction is 

27.6 N. This can be explained because the limited amount of lubricant inside the 

spring during the tests. However, it should be noted that this observation cannot be 

over generalized. The operation of the oil control ring was determined by various 

interacting factors as it was discussed by Söderfjäll et al. [63]. Different operating 

engine conditions would lead in various tribological performances for the same tribo-

pairs.  

 

Fig. 83. Measurements of friction and cycle-to-cycle variation for Assembly 1 and 2 (Test    

conditions: Engine speed: 2000 rpm, Average external cylinder temperature: 40 oC). 

A key observation from Fig. 83 is that at 40°C and low engine speed of 2000 rpm, the 

sharp rise of the measured friction following the rise in in-cylinder pressure after the 

TDC due to the friction of the top compression ring-liner contact only. A similar trend 

has been observed in the experimental measurements of  Gore et al. [61]. They 

presented a complete set of experimental and numerical data, which measured the top 

compression ring friction. They found that the maximum ring friction is near to TDC 

region, which is in fact the basis for the cold controlled conditions. This is in a 

significant similarity between motored (published work) and fired conditions from the 

present study. However, they also showed that the compression ring friction 

contribution is approximately 10–15% of the overall. In the case of the current report, 

the contribution of the top compression ring to ring pack friction has mainly increased 
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to 80%. This is a crucial finding in the current investigation. Of course, the engine 

type and running conditions are significant factors, which can affect the top 

compression ring conjunction [2]. As mentioned before, this motor engine has a thin 

top compression ring. Thus, this very close-contact between the ring and liner leads to 

an increased friction, making this conjunction responsible for a major proportion of 

friction losses. In addition, the effect of the ring width, surface topography and 

lubrication regime significantly alter its tribological performance, as studied by 

Shahmohamadi et al. [27], who demonstrated that a thin ring width (which is 

considered here) reduces the load-carrying capacity showing a remarkable 

complicated operation (in-plane and out-of-plane motions). Among these, oil 

availability can result in starvation between the top compression ring and the cylinder 

liner due to the ring-pack performance, which the primary responsibility is due to the 

oil-control ring. This topic is fully discussed in [63], where the results show that the 

top two rings are mainly affected by the oil-control ring in fired conditions. 

Consequently, these findings show that the thin nature of the top compression ring 

combined with the lubrication conditions of ring pack can affect the generated 

friction, which would result in increased fuel consumption and harmful emissions. To 

this end, the optimisation of the top compression ring for improved frictional power 

loss need to be introduced. 

 

5.3.5 Comparison Data between Measurements and CFD 

Predictions 

Fig. 84 shows a comparison between the measured results for two continuous cycles 

and the CFD predictions for the measured ring profile based on *

pkR value. The 

corresponding statistical parameter *

pkR  presents the average height of asperity peaks 

of new ring, which is commonly used in initial step of wear. This parameter is 

measured using a portable profilometer. With regard to test conditions, the engine 

speed and external cylinder temperature were 2000rpm and 40°C, respectively. These 

correspond to cold controlled conditions. The lubricant temperature was assumed to 

be equal with the external cylinder temperature due to the limited distance between 

the ring profile and the cylinder inner liner through the short time of tests. The 

procedure is fully described in paragraph 2.4.7. In general, there is good agreement 
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between the values predicted by this CFD analysis and measurements. The standard 

differences are illustrated in the inset of Fig. 84. The maximum CFD ring friction has 

shown very well agreement in the transition from the compression to power strokes 

through TDC reversal. On the other hand, as the ring moves at mid-stroke position, 

the differences are limited higher because the complicated ring motion through high 

inertial forces and elastodynamic behaviour. This can be explained owing to the thin 

nature of the investigated ring, where can be experienced in out-of-plane and in-plane 

motions within the piston groove. The pioneering results of Baker et al. [33, 136] 

have highlighted the crucial impact of ring tribodynamics on film thickness and power 

losses predictions through a 3D elastodynamic model. They showed that the lowest 

minimum film thickness values occur for all the engine speeds when the elastic ring 

was modeled. Thus, higher friction was reported. Based on the results of the current 

study, the difference between measured and predicted CFD ring friction is most 

pronounced at higher piston speeds for all the engine strokes. The standard deviations 

at each engine stroke can be identified in the figure. Lower values in CFD ring 

friction is seen when the rigid ring analysis is implemented. This is idealized 

condition. Therefore, a fully elastodynamic model is needed to address all the 

tribological phenomena. This is a part of future research. Nevertheless, good 

conformance is noted at thinner films as the ring approaches at dead points, where the 

ring elastodynamic is not predominant.  

 

Fig. 84. Comparison between the measured ring friction data and the CFD predictions for 

measured ring based on statistical parameter R*
pk value. 
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Under cold controlled condition and low engine speed, the changes in the overall ring 

friction at reversal points (TDC and BDC) are shown. At the TDC location, the rise of 

the total ring friction is obvious. The maximum total ring friction occurs in the power 

stroke between the TDC reversal and the mid-stroke position. This occur because 

there is significant chamber pressure load on the compression ring-liner contact, 

which follows the relationship between the shear stress and pressure 
2

h
p    from 

the first term in Eq. (40). Additionally, after the crank angle of 380°, the effect of 

viscous shear becomes dominant. The corresponding friction is lower at the TDC and 

BDC points in the exhaust and intake strokes respectively, as the asperity friction is 

insignificant because the applied combustion pressures are decreased and the lubricant 

temperature is quite low at cold conditions. This combination of engine conditions 

showed that primary frictional losses occur at the TDC region, which follows the 

recently published numerical results of Rahmani et al. [19]. They found that the 

cylinder temperature is a significant design factor, which can influence the lubricant 

viscosity during engine cycles. In the case of isothermal working temperature (cold 

conditions), the lubricant viscosity is quite high which leads to thicker films and 

higher load carrying capacity. Among these, it can be concluded that total ring friction 

is principally affected by the Poiseuille shear and the direct boundary interactions. 

Therefore, it is also interesting to note that this trend may result in an increased power 

losses and wear at Top Dead Centre (TDC) region, where very thin films are 

demonstrated. Consequently, improvement of frictional losses of this conjunction is a 

significant challenge as textured rings which can affect, for example, generated 

friction, film thickness and contact wear. 

5.3.6 The Influence of Surface Topography and Ring Profile 

Fig. 85 shows a comparison between the measured results and the CFD predictions 

for the measured ring based on the statistical parameters aR  and *

pkR values. Both 

CFD predictions show the rise of total ring friction at the TDC region. However, it is 

clear that the composite aR is not a good indication in order to predict the total friction 

at dead centers. The difference is quite high at applied higher combustion pressures 

and low piston speeds. The standard difference is below 38-47% from the measured 

ring friction and the CFD predictions based on *

pkR value.  
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Fig. 85. Comparison between the measured ring friction data and the CFD predictions for 

measured ring based on R*
pk and Ra values. 

This can be explained because the boundary friction is significant in the transition 

between the compression stroke to the power stoke using the average heights of 

asperity peaks *

pkR . Fig. 86 shows this variation. The parameter aR   represents the 

average height of asperity peaks, which is not follow the initial condition of new ring 

profile. Additionally, the ring friction in the mid-points is almost same for both 

analyses, which follows the piston sliding speed due to hydrodynamic lubrication into 

ring-liner conjunction. 

 

Fig. 86. Variations of boundary friction for measured ring based on R*
pk and Ra values. 
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With regard to the axial face-width profile of the compression ring, a comparison 

between the measured results and the CFD predictions for the cases of a measured 

ring and an artificial (parabolic) ring is presented. Fig. 87 shows the investigated 

artificial ring profile, which is an ideal parabolic shape. The corresponding parabolic 

profile is expressed as: 

( )
=

2

2
( )

2

s

cx
h x

b
, where the height of the ring curvature is 

assumed to be c = 10 μm for this analysis. Note that the parabolic profile, is 

commonly analyzed in many previous studies. Therefore, it is important to study the 

effects of the axial profile on friction, lubricant film and lubricant flow rate. 

 

Fig. 87. Artificial ring profile with ideal parabolic shape. 

Fig. 88 shows the total ring friction variation from the measurements and the CFD 

predictions using the measured ring and the parabolic ring based on *

pkR value only. 

The red curve presents the behaviour of the parabolic ring. It seems that the low 

piston speed can provide a maximum friction in the transition between the 

compression stroke to the power stroke, particularly at the higher combustion 

pressures region. Instead, when the piston speed is higher (mid-stroke position), the 

total friction is quite low due to low combustion pressures. However, the difference 

between the measured profile and artificial case is evident. Two regions can be 

created to evaluate the relative deviations. One (A1) is the variation in the total 

friction measured between the examined profiles at the TDC reversal (crank angles of 

340o-380o). In the case of the artificial axial profile, the average CFD ring friction is 

substantially lower (69%) at the TDC region compared to the measurements and the 
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CFD predictions from the measured profile. Regarding the second region (A2), at the 

BDC zone (crank angles of 540o-560o), the average CFD friction rise is very limited 

and the difference is great. The boundary interactions in this case are negligible. This 

can be explained because the minimum lubricant film performance at ring-liner 

contact. 

 

Fig. 88. Comparison between the measured ring friction data and the CFD predictions for 

measured and artificial (parabolic) rings based on R*
pk value 

Fig. 89 shows the minimum film thickness variation for this investigation. The dashed 

lines showed the boundary conditions of lubrication from the boundary (λ<1) to 

mixed regimes (1≤λs<4). Both the real and artificial ring profiles show thin films at 

the TDC reversal, where the in-cylinder pressures are high. However, when the piston 

speed is decreased, the real ring profile promotes the boundary/mixed conditions at 

dead centers (TDC and BDC) related to the artificial ring profile. Particularly, the 

ideal parabolic shape increases the film thickness and load carrying capacity for a 

slow piston sliding velocity, and then the contact load of the asperities substantially 

decreases. It is also significant to note that the part of the mixed lubrication becomes 

least for the case of ideal parabolic ring. This is obvious in the grey area (B1) of Fig. 

89. On the other hand, as the piston speed is increased, thicker films are formed for 

parabolic profile during the middle of each stroke. 
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Fig. 89. Variations of minimum film thickness for measured and artificial (parabolic) rings based 

on R*
pk value. 

Fig. 90 shows the variation of flow rate of the lubricant for both the actual and 

artificial ring profiles. Sealing is also a significant point of ring operation. Therefore, 

it is important to investigate the flow of the lubricant through the minimum ring-liner 

clearance. As observed, the parabolic profile promotes greater lubricant flow rate than 

the actual ring shape, which can affect the ring sealing and the lubricant performance. 

This is in-line with the analytically report of Morris et al. [21], which is compared 

different type of parabolic profiles. Here, this investigation shows that real measured 

ring profile show, of course, high total friction but from the point of lubrication and 

sealing, the results are better. This behavior can be explained because the effective 

ring sealing lead to increased friction due to very close-contact between the ring 

profile and cylinder inner liner. Therefore, optimisation of the compression ring 

profile is needed to address towards for the overall improvement of the tribological 

performance. 
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Fig. 90. Variations of lubricant flow rate for measured and artificial (parabolic) rings based on 

R*
pk value. 

 

5.4 Contributions of Friction and Noise Results in Current 

Technology 

The first previous experimental studies show that transient piston assembly dynamics 

significantly affects the ring pack–liner gap, and thus the generated friction as well 

noise through the conjunction. Particularly, the measured friction results show that the 

strain gauge technique is a challenging work in providing realistic results to enhance 

current technology. For low engine speeds of cold NEDC state, a higher contribution 

was noted by boundary friction at the TDC reversal, extending to the position of 

maximum in-cylinder pressure in the power stroke. Simultaneously, the main 

contribution of the piston slap was estimated at the thrust side when the piston 

assembly passes at the beginning of the combustion stroke. These results can be 

attributed as data to validate piston ring models in terms of friction and piston slap. 

Afterwards, analysis (both experimentally and theoretically) of the thin top 

compression ring-liner conjunction was also investigated. An important observation 

was that the prediction of the calculated ring friction, needs the suitable surface 

roughness, particularly at TDC reversal. Furthermore, the study of lubricant film and 

flow rate has shown that the profile design can affect the sealing performance of top 

compression ring. For the test conditions reported here in a four-stroke motorbike 

engine, the contribution of the thin top compression ring to ring pack friction was 

predominant. This finding has shown that the thin nature of the top compression ring 
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combined with the lubrication conditions of ring pack can lead to high total friction, 

which would result in increased power losses and wear during low speed cold NEDC 

states. 

 

5.5 Block-on-Ring Tests for Film Thickness Measurements in 

Coated/Uncoated and Textured/Smooth Surfaces 

In this section, the impact of surface textures or pockets in line contact is investigated. 

Denser and sparsely patterns are considered in coated and uncoated surfaces. This 

study has been made in a block-on-ring test rig. The capacitance technique is 

developed for measuring film thickness within the contact of conjugating surfaces. 

The influence of textures on lubricant distribution and contact wear is determined in 

all lubricated conditions, in order to provide more information about their potential 

applicability to actual engine components. Some of the results provided here have 

been published by the author in reference [137]. 

5.5.1 Description of the Block-on-Ring Test Rig  

Fig. 91 shows a photograph of the block-on-ring test rig related to ASTM D2714-94. 

A stationary block specimen was loaded with a constant load against a rotating ring 

specimen at 90° to the ring's axis of rotation. The block specimen was made by hard-

chromium plated 304 stainless steel. The tested ring was made of 7075 aluminium 

alloy. The basic dimensions of the ring were 26 mm × 50 mm, while the 

corresponding dimensions of the textured specimens were 50 mm × 20 mm × 5 mm. 
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Fig. 91. A photograph of the experimental test rig including basic features: 1-test ring (type I) ,2-

test ring (type II),3-axis of the ring rotation, 4-axis of the applied load, 5-pulley, 6-top base of the 

applied load, 7-test block, 8-side base (x2), 9-oil tank,10-base of the oil tank, 11-electric motor, 

12-protective cover of the electric motor. 

The basic instrumentation of the experimental test rig for the film thickness 

measurement is shown in Fig. 92. The test rig can be used both to test different tribo 

pairs with different configurations and to investigate the influence of many 

parameters, such as the topography, material and texturing. The test block was fixed 

on the inner top base of the test rig. The load on the fixed block was attained using 

precisely measured weights. The test ring was driven by an electric motor, which was 

controlled through an interface to a power generator. We used a signal generator of 

type MCP SG1003 to precisely measure the film thickness, and we used this fitting to 

correct any errors in the measurements of the capacitive sensor through the block and 

ring conjunction. The capacitor array and procedure are described later. The data 

acquisition system was performed by a digital storage oscilloscope of type UNI-T 

DT4000 with a high sampling rate of 2 GS/s and high voltage sensitivity of ± 1%. The 

export data were stored on a USB stick for the necessary signal analysis. 



Tribology of Top Compression Ring 

Anastasios Zavos                     148 
 

 

Fig. 92. The set-up of the block-on-ring test rig for film thickness measurement. 

5.5.2 Description of the Textured Samples in Line Contact 

Fig. 93 presents the geometry of the block-ring line contact for the studied cases, 

including the texturing parameters and optical images of the samples for the current 

experimental work. The smooth and pocketed samples were coated with hard-

chromium, which is commonly used in various components in modern IC engines. 

The chromium layer of 10 μm was made using the electro-plating process. 
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Fig. 93. Geometry of the block-ring line contact including smooth and square-shaped pockets into 

the contact zone using optical microscopy. 

With respect to the manufacturing process of the textured surfaces, improvements to 

pockets geometry and reliability have been done using laser technique. Practically, 

laser surface texturing (LST) seems to be the most applicable and popular [138]. 

However, several techniques for texturing in surface engineering are also given in the 

literature including jet-machining, pellet-pressing, burnishing or embossing method 

and electrical discharge machining (EDM). The square-shaped pockets were 

fabricated using electro-discharge machining (EDM). This method is fully described 

by Zhou et al. [139] and Liew et al. [140]. The corresponding geometrical parameters 

are the pocket width W, the pocket depth Hd and the pocket cell length Lc. The texture 

density was given by =
2

2
c

W

L
, as mentioned by Ramesh et al. [43]. In addition, the 

depth of pockets was chosen from the published numerical investigation by Zavos and 

Nikolakopoulos [111]. For the case of the sliding line contact considered here, we 

selected the texture densities of 9.7% and 39% based on the contact zone position. 

The initial Hertzian line contact width (2b) of the contact area under a certain load 

was calculated by mathematical expressions that model a cylinder on a plane 
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[141].Table 14 lists the main mechanical properties of the textured samples and the 

ring, respectively. 

Table 14. Mechanical specifications of the ring and the pocketed coated blocks. 

Parameters Test ring Test block 

Material Aluminum alloy 7075 
hard-chrome plated 

stainless steel 304 

Density 2810 kg/m3 7180 kg/m3 

   

Elastic modulus 72 GPa 276 GPa 

   

Poisson’s ratio 0.33 0.21 

   

Hardness 175 HV 858 HV 

   

Coating thickness - 10 μm 

   

Typical chemical 

composition of coating 
- 

Cr 99,185% 

O 0,775% 

C 0,02% 

Sulph 0,02% 

 

Before testing, we cleaned the tested samples with a small amount of acetone. 

Simultaneously, we measured the surface roughness and the square pockets with a 

contact profilometer and an optical microscopy of Leica microsystems, respectively. 

We measured the surface roughness using a portable profilometer type of HOMMEL 

TESTER T500 with high resolution of 10 nm, as we sought to investigate the 

variation of the surface topography before and after the tests. Table 15 and Table 16 

list the measured dimensions of the pockets and the roughness parameters of the 

examined specimens, respectively. 
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Table 15. Measured dimensions of the square pocketed samples T1 and T2. 

Textured blocks Contact width (mm) Depth (μm) Length (μm) Width (μm) Cell length (μm) Density 

T1 1.015 4±1 1000±10 1000±10 3200±10 7.6% 

T2 1.015 4±1 1000±10 1000±10 1600±10 30.6% 

       

 

Table 16. Roughness parameters of the ring and the pocketed samples. 

Specimens Ra (μm) Rz (μm) Rmax (μm) 

Ring 0.1 3.4 5.6 

S 0.4 2.7 3.1 

    

T1 1 7.9 16.7 

    

T2 1 11.1 12.8 

 

5.5.3 Description of the Lubricant Film Measurement  

It is useful to describe experimental methods for measuring the lubricant film 

thickness in lubricated contact. Laboratory test rigs and test motored or fired engines 

have been constructed to control and monitor the film thickness between the 

conjugating surfaces.  Ford and Foord [142] studied the laser-based fluorescence 

technique to measure a thin oil film, and they found that a blue light laser would 

provide better signal stability and greater capacity regarding the range of the film 

measurement.  Arcoumanis et al. [143] also provided a test-fired diesel engine to 

measure the lubricant film thickness using a laser-induced fluorescence (LIF) 

technique. These authors used three optical probes to capture the film thickness at the 

centre of the top, the middle-stroke and the centre of the bottom, and they showed that 

the LIF method elucidates the lubricant oils’ performance, which is useful for high-

performance piston rings.  Grice et al. [144], Donahue et al. [145] and Dellis [146] 

reported the capacitive method for measuring the film thickness in a piston ring 
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conjunction. These authors described the calibration parameters of the capacitive 

sensors and showed that the design of the probes was crucial to measuring the film 

thickness accurately. The pioneering works of Sherrington and co-workers [147, 148] 

also highlighted the experimental methods for measuring the lubricant film and its 

impact on the ring-liner contact, and the drawbacks and the robustness of the 

proposed method were clearly demonstrated. More recently,  Avan et al. [149] and 

Mills et al. [150] presented the beneficial effect of using ultrasound techniques to 

measure the film thickness along the ring-bore interface. They presented a novel 

technique with minimum engine modification in a motored and fired engine. Their 

findings show the advantages of using their method to evaluate the piston’s secondary 

dynamics motion. 

In this study, the film measurement data were determined using the capacitance 

method. Fig. 94 shows a schematic view of the experimental procedure (detail A) and 

the capacitor sensor position (detail B). The capacitance was measured between the 

ring and a probe bolted on the fixed block. We set the capacitive sensor at the mid 

position of the block to avoid squeeze effects, and we mounted the custom-built 

rectangular probe with a thickness of 0.5 mm parallel to the test block at 

approximately 15 microns from the test ring (detail B). This configuration ensured 

good sensitivity without a lubrication interface [144]. The extracted capacitance from 

the capacitor (test block) and the ring was excited by a current signal derived by a 

voltage waveform from a sinusoidal oscillator. The corresponding oscillator was 

selected to operate at a high frequency (1 MHz) with the minimum response time. 

Thus, as the ring slid, the generated amount of capacitance produced an output 

voltage signal, which was stored with a high speed digital acquisition system on a 

USB stick for signal processing. The data were captured for 1 h. Subsequently, we 

processed the data to obtain the lubricant film thickness. In particular, the values of 

the capacitance were converted in the film thickness by employing a parallel plate 

expression [144] as follows: 

= outV
h

K
                    (53) 

where parameter K is given by 
 

= − osc osc

o r

V C
K

A
. This parameter includes the value of the 

permittivity for air, which is εο = 8.84 10-12 F/m, the relative permittivity εr (2.2 in 



Tribology of Top Compression Ring 

Anastasios Zavos                     153 
 

oil), the cross-section area of the capacitance sensor Acap = 0.25 10-6 m2, the oscillator 

input rms voltage Vosc=400mV and the oscillator capacitance Cosc = 28 ± 5% pF. 

Particularly, the capacitance-to-voltage relation was calibrated by inserting known 

values of capacitance and recording the corresponding voltage values using a high-

speed oscillator. 

 

Fig. 94. Schematic view of the experimental procedure for measuring of film thickness (detail A) 

and the capacitor sensor position (detail B). 

 

5.5.4 Calibration and Robustness of Sensor 

During this process, repeating the calibration of the film thickness data remained 

challenging, as there were many influential parameters, such as the lubricant 

properties, surface, environment, and measuring process. The calibration procedure of 

the capacitance sensor, which is described in Donahue et al. [145] and Dellis  [146], 

was taken into account. Fig. 95 shows the calibration curve of the custom-built 

rectangular sensor. The export data of the film thickness measurement was fitted by a 

quadratic curve, which gave the best correlation.  
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In addition, the basic assumptions and limitations of this technique were also 

determined. First, the changes in the surface topography of contiguous surfaces were 

not accounted for, and they had a detrimental effect on the measurements. Second, the 

corresponding dielectric constant of the used engine oil was known and stable during 

the tests. Thus, the variation of the lubricant properties was also ignored.   

 

Fig. 95. Calibration of capacitance sensor. 

5.5.5 Validation between Theory and Experiments 

It is essential to investigate the repeatability and validity of the film thickness 

measurement data prior to predicting the performance of pocketed surfaces, which is 

the main objective of this case study. We employed different load conditions to 

control the repeatability of the measurements. Table 17 shows the main input 

conditions in the block-on-ring tribometer. The sliding speed was set through the 

power generator, and the film thickness was measured in real time.  
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Table 17. Test conditions applied in the block-on-ring test rig. 

Parameters 

 

Under low load 

 

Under high load 

Load (N) 5 50 

Sliding speed (m/s) 0.35 0.4 

Test duration (min) 30 60 

Environment temperature (o C) 15 25 

Lubricant temperature (o C) 15 27 

Lubricant SAE 30 SAE 10W40 

 

Fig. 96 presents the variations in the lubricant film thickness and sliding speed for the 

cases of two smooth chromium-plated pads with similar roughness values of 0.4 μm 

and 0.45 μm. In these friction force and wear tests, a normal load of 50 N was 

applied, and a low sliding speed of 0.4 m/s was maintained. These conditions were 

chosen to maintain a thin lubricant film when the mixed regime of lubrication was 

expected.  The specification used in the measured variables was the average value of 

6000 data points. The black and blue lines present the measured lubricant film data in 

the contact zone for the two examined samples.  We performed these tests on different 

days. We used the Stribeck film ratio  = rmsh  ( )( )  = +
1/2

2 2
rms r b  to determine 

the different lubrication conditions according to the theory in [151]. 
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Fig. 96. Repeatability and validity of the film thickness measurement for the two same 

untextured samples (Test conditions: Load: 50 N, Sliding velocity: 0.4 m/s and Lubricant: SAE 

10W40). 

The upper red plot shows the measured sliding velocity curve of the test ring against 

the time, where the position is labelled on the right axis. A small fluctuation was 

observed in the measured sliding speed due to the vibration through the electric motor 

in the test ring. To overcome this limitation, we aligned this mechanism before the 

tests, but it was not possible to remove the problem entirely. Clearly, the film 

thickness data have good repeatability and stability. The standard deviation is 

generally below 0.15 μm. This trend agrees with the experimental results in line 

contacts obtained by other researchers [48, 56], who gave measurements with similar 

magnitudes of error with respect to the friction and film thickness. However, the 

measured signal is as the result of a combination of influential parameters. This 

finding can be explained because the variation of the sliding speed and the starvation 

effect when the lubricant is pushed out during one pass of the line contact does not 

flow back in time for the next pass. This behaviour was obvious in periods of 25 and 

30 min (the grey area), as the sudden changes in the film thickness are instantly 

recognizable due to the sliding ring’s speed variation and the probable starvation in 

the contact zone. In addition, we made a comparison using Dowson and Toyoda's 

[152] central film thickness expression for line contacts, and the green dotted line 

represents it. The average film thickness from the experimental investigations is also 
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represented by the coloured dotted lines in the graph. Good agreement was observed 

with an average error of 5%. 

Afterwards, we confirmed the robustness of the test results through extensive repeated 

tests in the coated and uncoated smooth pads under different load conditions. Three 

tests have been made, with measurements being performed every 60 s. The loading 

conditions are presented in Table 17. Under these test conditions, the sliding friction 

force in the state of mixed lubrication was estimated through the measured film 

thickness using the following expression: 

fr fl bF F F= +                    (54) 

The total friction force is a combination of the viscous force of the lubricant ( flF ) and 

the boundary friction of the asperity ( bF ). The basic lubrication theory is almost the 

same as the recent work of Gore et al. [56] except for the use of the actual topography 

on the examined friction tribo pair. Therefore, the viscous friction is expressed as 

fl

uA
F

h


= , where A Ld=  is the contact area without the curvature of the ring face 

within the lubricated zone and h is the average measured film thickness (as described 

later). In addition, the Poiseuille flow in the interface was ignored, as the generated 

pressure was quite low for very thin films during this experiment. Thus, the shear 

stress due to the lubricant film motion is given from the Couette flow only. With 

regard to the asperity interactions, the boundary friction is given by 

b c asp cF A W = +                  (55) 

where τ0 is the non-Newtonian Eyring shear stress and μasp is the boundary shear 

strength of the conjugating surfaces. Particularly, the corresponding parameters Acont 

and Wcont expressed the contact areas and the load of the asperities, respectively, 

according to the basic theory of Greenwood and Tripp [83]. These expressions are 

summarized here: 
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This theory was also described in Section 2.2.1. The other topographical parameters 

for the friction calculations are taken from the literature [98] and presented in Table 

18.   

 

 Table 18. Input topographical parameters for sliding friction force calculations. 

Parameter Value Unit 

Roughness parameter (ζκσ) 0.04 ── 

Asperity gradient (σ/κ) 0.001 ── 

Eyring shear stress (το) 2 MPa 

Boundary shear strength of the conjugating 

surfaces (μasp) 
0.17 ── 

 

Fig. 97 shows the robustness of the measured coefficient of friction for the two 

different samples (chromium-plated and steel) under different load conditions (5 and 

50 N). The coefficient of friction is a combination of the viscous shear (Couette 

contribution) as well as some elements of the boundary friction. In the case of a high 

load and low speed, the overall load was mainly supported by the hydrodynamic and 

asperity contribution, whereas in the case of a low load and low speed, a 

hydrodynamic load was obtained. This behaviour can be explained from the average 

value of the friction coefficient, which had a value in the range of 0.1 to 0.12 for a 

mixed regime of lubrication. Under a hydrodynamic regime, a value in the range of 

0.03 to 0.05 was observed. Another key observation is the effect of the surface 

topography when the load conditions are similar. Particularly, the rough steel pad with 

an average roughness value of 0.8 μm showed a more moderate increment in the 

coefficient of friction than the smoother chromium-plated pad. This pattern would 

occur when a significant portion of the load is expected to be carried by the asperities. 

This effect is a combination of the surface face geometry, topography and material. 

However, the main finding of this investigation was the validity of the experimental 
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measurements. Good repetition was displayed in the measurement data using this 

custom-built sliding tribometer. 

 

 

 

Fig. 97. Robustness of the friction coefficient measurement data using different smooth samples 

and load conditions. 

Furthermore, to increase the quality of the reported values, the dispersion of the film 

thickness values that can reasonably be attributed to the measurement uncertainty can 

be predicted as follows [137]: 

( ) ( )
N

c i

i i

f
u y u x

x



=

 
=  

 


2

2

1

                  (57) 

where ( )cu y  is the combined standard uncertainty of output value (film thickness for 

this study), ( )iu x  is the estimated variance associated with input xi and 
i

f

x




  is the 

partial derivative with respect to input quantity xi of functional relationship f between 

measurement y and input quantities xi, on which y depends. In this method, the 

quantities are the output voltage, the oscillator input voltage and the oscillator 

capacitance, which affect lubricant film measurement. Consequently, the combined 

standard uncertainty was approximately 5%.  
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5.5.6 The Influence of Square-shaped Pockets Position in Mixed 

and Hydrodynamic Regimes of Lubrication 

Fig. 98 shows the measured variation of the lubricant film thickness for the studied 

pocketed and non-pocketed blocks at the typical load of 50 N, sliding speed of 0.4 m/s 

and low lubricant temperature of 27 °C. To understand the effects of the surface 

pockets, the limits between various regimes of lubrication are used to indicate the 

changes at contact, and the results are shown in the figure. If  1s , the direct 

interaction of the asperities has a crucial role in supporting the external load on the 

sliding surfaces, where the pure boundary lubrication is encountered. If  1 3s , the 

contact is under mixed lubrication, where the produced load is supported by the thin 

film hydrodynamic force together with the boundary interactions. When the film ratio 

λ is greater than 3, the generated load is supported by the hydrodynamic force of the 

lubricant oil, and therefore, the conjunction is under the hydrodynamic lubrication. 

For these results, the lubrication regimes are marked with the black dotted lines in the 

figure. The corresponding boundaries are determined according to the non-textured 

conjunction, as it is difficult to obtain the minimum film thickness for the pocketed 

interface due to the quantity of lubricant inside the pockets. 

 

Fig. 98. Real-time measurements of film thickness between the pocketed samples (T1, T2) and the 

untextured sample (S) under mixed lubrication conditions. 

As the test ring rotates in the first cycles, the smoother untextured sample shows the 

highest lubricant film values compared with the pocketed specimens (the grey area). 

Clearly, the film thickness reached the relatively low value of 0.47 μm when the 
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pocketed samples were tested, as the surfaces of the artificial textured samples were 

rougher (Table 16) and the weak lubricant reservoir capacity of the pockets was in the 

first stage of the running-in process. Thus, the conjunction was supported by the 

hydrodynamic and asperity creations, which implies that the mixed regime of 

lubrication was prevalent. Similar behaviour was also obtained by Vladescu et al. 

[48], in which the pockets on the curve pad had the minimum film thickness at the 

reversal points. Although the smoother profile of the untextured pad provided a better 

film thickness distribution in the first stage of the test, the distribution of the film 

thickness became limited with the chromium-coated smooth specimen during the 

running-in process. This event clearly shows that the surface topography has a vital 

role. Practically, sliding line contacts are sensitive to starvation due to the rapid 

rolling/sliding motion of the contact, which is believed to be an important issue in 

several mechanical components such as gears, bearings and piston rings. Therefore, 

the texturing of surfaces can create controlled lubrication conditions. In such 

situations, when the sliding time approaches 5 min, the pocketed pads start to improve 

the film thickness more than in the untextured case. In detail, the denser sample (T2) 

promotes film thickness, while the sparser sample (T1) shows a moderate film 

thickness increment (area A1). After approximately 15 min, the textured sample with 

high density (T2) also enhanced the retention of the lubricant by 53% more than in the 

smooth case, which indicates the transition from the mixed regime to the full 

hydrodynamic regime with good stability (area A2). Clearly, the high texture density 

covering the contact zone was advantageous. Similar results were also obtained by 

Kligerman et al. [37] and Wakuda et al. [153]. In contrast, the textured pad with low 

density (T1) presented a moderate lubricant film increment during the experiment, as 

the pockets had little ability to reserve lubricant and create hydrodynamic pressure in 

the converging/diverging line contact; thus, the pocket’s effect on the increasing film 

thickness became weak, especially under high loads and low speeds. Thus, the 

location of the pockets together with the micro-bearing effect is responsible for the 

improved tribological conditions. This trend was recently mentioned by Morris et al. 

[46], who described the effect of textures’ positions in converging/diverging line 

contacts such as the ring-liner conjunction problem. 
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Fig. 99  presents the sliding friction force data with an applied normal load of 50 N 

and a low sliding velocity of 0.4 m/s at all of the three studied cases. Clearly, the 

sliding friction was affected strongly by the film thickness. The maximum friction 

force occurred in the first cycles of the tests for the two pocketed pads (the grey area). 

This behaviour is expected because the prevailing regime of lubrication was mixed. 

For instance, the maximum friction was 8.95 N for the sparser pattern (T1) and 8.70 N 

for the denser pattern (T2). For the smoother untextured pad, the friction was lower 

(6.37 N) at the beginning of the test because of the better film thickness, as shown in 

Fig. 98. However, the first scars of wear appeared in the smoother surface through 

starvation, as the lubricant was pushed out during one pass and did not return in time 

for the next pass. Thus, the overall friction (the viscous and boundary contributions) 

became higher over the 30 minutes of the test (the blue area). This result clearly 

indicates that a worn surface of the untextured pad can lead to higher friction because 

of the transition from the mixed regimes to the boundary regimes. The typical 

roughness Ra was measured before and after the test, and it increased moderately from 

0.4 μm to 0.48 μm; it was measured using a portable profilometer. The corresponding 

wear performance of the untextured sample is also illustrated in the graph. Optical 

images showed the surface topography within the contact zone, and deep wear scars 

were observed. As a result, for the reasons mentioned above, it is believed that line 

contacts experience abrasive wear; thus, they may benefit from using surface pockets. 
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Fig. 99. Measured friction force comparison between the pocketed samples (T1,T2) and the 

untextured sample (S) showing the corresponding wear behavior of the untextured sample into 

the contact. 

From the results of Fig. 99, the average friction coefficient was also plotted relative to 

the sliding time in Fig. 100. The average friction coefficient of the smooth pad 

reaches the value of 0.14, indicating that a mixed-to-boundary regime of lubrication 

was prevalent. In the case of the pocketed pads, the pattern with high density (T2) 

exhibited a substantially lower average friction coefficient with the value of 0.059 and 

a stable distribution during the test compared with the sparser pattern of 0.1. More 

specifically, the friction coefficient of the low-density pattern (T1) contributed a 

lower reduction of 24% compared with the untextured case. 
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 Fig. 100. Variations of average friction coefficient over the one-hour wear tests. 

In this case, the overall wear behaviour of the tested samples is shown in Fig. 101. 

Optical images were taken near the contact zone. Clearly, there are many wear marks 

that are wide and deep on the smoother coated surface. The yellow arrows indicate the 

main wear marks. We found that the denser pad (T2) had smaller wide wear scars 

between the pockets than the sparser surface, as after 15 minutes of testing, the 

conjunction was under fully hydrodynamic lubrication. Instead, for the pockets with 

low density, the prevailing regime of lubrication was mixed for all of the period of the 

wear test, which also affected the surface due to the asperity interactions. Because the 

texture is most effective at reducing the surface contact and wear, it is likely to work 

on actual engine components. 
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Fig. 101. Optical images of the tested samples before and after wear tests. 

As previously mentioned, the relationship of the pockets’ distribution and friction is 

important to improve the textured surfaces. A comparison of variations in the friction 

coefficient with the pocket density over the first 3 minutes of the test between the 

current study and that of Shen and Khonsari [50] is shown in Fig. 102. These authors 

presented the effects of different pockets on the tribological performance of the piston 

ring prototypes under mixed and hydrodynamic regimes of lubrication, and they 

provided results for different pocket sizes and pocket densities under different 

operating conditions. Moreover, they used a square-shaped surface called R2 with a 

Sliding direction 
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width of 1 mm, depth of 5.3 μm and area density of 25%. These authors also 

measured the friction coefficient at 40 N and 30 rpm lubricated with a fresh SAE 10 

thin oil at a room temperature of 25 °C for three minutes of testing. Here, the target 

was only a qualitative comparison. As observed, the denser pocketed samples showed 

higher friction coefficient values in the initial stage of the tests compared with the 

non-textured case. For instance, the results of Shen and Khonsari [50] showed a 

4.34% increase in the friction coefficient using a pocketed pad with a high density of 

25%. This result almost agrees with the results of the current work, where the 

pocketed sample is marginally denser. Therefore, the distribution of the pockets 

results in a multi-variate problem that requires significant investigation under 

different operating conditions. 

 

Fig. 102. Variations of average friction coefficient for the denser pocketed samples from the 

current study and those from [50]. 

 

5.6 Contributions of Square-Shaped Pockets in Current 

Technology 

The relationship between the pockets’ density and the inlet lubricant flow is very 

important to improving the textured surfaces in sliding line contacts. The findings 

show that the square-shaped texturing is a promising method for the reduction of 

frictional losses and contact wear, which are harmful to the environment and increase 

emissions of gases such as HC and NOx. Moreover, a high-density texture within the 
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line contact can help protect and extend conjugating surfaces due to the overcome 

starvation effect, which helps to minimize the operating expenses in automotive 

applications. 

Chapter 6 

General Conclusions 

The present thesis initially proposed a range of extensive computational platforms for 

simulating top-compression-ring-conjunction operations under various lubrication 

regimes. First, a Fluid-Structure Interaction (FSI) model was built comprising the 

Navier-Stokes equation, rheological properties (a power law model) and ring 

structural integrity. This proposed method allows the complete static solutions for 

hydrodynamic modelling between the lubricant film and ring within the piston 

groove. The fluid effects were accounted for using the Navier-Stokes approach, 

whereas the solid (ring) domain was obtained through the Finite Element Method 

(FEM). For the lubricant rheology, the viscous-pressure, density-pressure and non-

Newtonian effects were also considered in the modelling. The effect of the in-plane 

top ring motion in a quasi-static equilibrium was determined. The impacts of the ring 

face geometry, cylinder surface and lubricant properties were introduced to support 

the design process in a top compression ring conjunction. Afterwards, analysis of the 

cavitation flow and coating effect was addressed to resolve the full thermo-mixed 

hydrodynamics of top compression rings. Two Computational Fluid Dynamics (CFD) 

methods were created to combine different influential parameters. The effects of the 

surface roughness under mixed-lubrication situations were addressed by the stochastic 

Greenwood-Tripp formulation for asperity contact. The cavitation region was 

determined by solving the Rayleigh-Plesset volume fraction equation.  A full CFD 

model that simultaneously solves the fluid flow problem, the local asperity 

interactions and the cavitation flow was proposed. Particularly, the cavitation flow 

described the textured ring tribological performance in terms of the hydrodynamic 

pressure and friction. Furthermore, a novel CFD model including the thermal effects 

and ring coating at the microscopic scale was built in the same fashion. The extracted 

findings showed that the ring-liner conjunction can be improved with the addition of 

coating effects, leading to better predictions in thermo-mixed lubrication conditions.  
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Finally, the experimental studies accomplished by this thesis address: i) the proper 

understanding of the physical tribological phenomena taking place on a piston 

assembly and ring-bore conjunction and ii) the improvement of the top compression 

ring’s interface in terms of the lubricant film, friction and wear. Particularly, 

experimental measurements of the friction and noise to achieve a detailed 

understanding of the piston assembly and compression ring tribodynamics during the 

cold NEDC phase were introduced. During low engine speeds and under cold NEDC 

conditions, a higher contribution was noted by the boundary friction at the TDC 

reversal, which extended to the position of maximum in-cylinder pressure in the 

power stroke. Simultaneously, the main contribution of the piston slap was estimated 

based on the thrust when the piston assembly passed by at the beginning of the 

combustion stroke. These findings can be considered as data to validate the piston and 

ring pack models, which is in fact a significant topic between the academic 

community and automotive industry. 

Next, a proposal of square-textured surfaces for reducing the friction and wear control 

was presented and discussed. We determined the effect of the square pockets shape on 

the mixed lubrication performance. Particularly, several inlet positions and densities 

in line contact were provided to describe the physical mechanisms within the pockets 

under different lubrication conditions. The main advantage of these textured tests was 

that the denser pocketed sample showed the best performance in line contact in terms 

of the film thickness and wear during the running-in period. This result can help 

protect the ring-cylinder conjunction’s life, which would lead to better engine 

durability. 

6.1 Applications 

Although this PhD thesis is focused on the piston ring tribology, the proposed 

methodology is convenient for several other tribological applications. In journal and 

thrust bearings, in rolling bearings, in gears, and in compressor devises the surface 

modifications can lead to friction and, furthermore, to energy and emissions 

reductions. It is clear that the proposed methodology supports the transition from the 

Euro 6 regulations to the Euro 7 regulations for emissions and motivates new engine 

tribological designs and testing. Furthermore, the combination of the tribo-surfaces 

pocketing with electrical power (hybridization) could open new horizons for 

emissions reduction and power autonomy. 
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6.2 Future Suggestions and Remarks 

The future suggestions and remarks related to the primary topics covered in the 

current thesis are summarized and presented as follows: 

• Piston Ring Modelling 

 

➢ Thermo-mixed lubrication calculations based on the Fluid-Structure 

Interaction (FSI) ring model. In this case, ring integrity can be 

investigated in thermo-mixed lubrication at higher in-cylinder 

pressures. 

➢ Extending the numerical methods to include in-plane and out-of-plane 

ring tribodynamics. 

➢ Detailed modelling of the conjugating surfaces with lubricant additives 

for the boundary lubrication and their impact on the ring tribological 

performance. 

➢ Detailed analysis of the worn surface profiles in boundary/mixed 

lubrication.  

➢ Advanced simulations of different piston-ring pack systems to create 

more reliable components. 

➢ Numerical methods for optimizing the textured compression rings in 

terms of friction and lubricant consumption. 

 

• Measurement Techniques in Piston Ring Tribology 

 

➢ Extending the strain gauge technique at higher engine speeds. 

➢ Experimental tests on textured compression rings in fired engines. 

➢ Detailed SEM and EDX analysis of the worn and textured surface 

profiles in boundary-mixed lubrication, in order to investigate how the 

lubricant additives are reacted with surface. 

➢ Online monitoring of friction, noise and vibration at realistic speeds in 

order to optimize future high-performance engines in terms of stringent 

requirements on durability and acou 
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A1. Cavitation modelling work by different researchers 
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Authors Year Focus Remarks  

Dowson et al. [10] 1979 The effect of Reynolds 

boundary condition in 

cavitation of ring-liner 

lubrication system. 

The cavitation zone follows the 

Reynolds criterion while the 

lubricant pressure was equal with 

the gas pressure in the outlet ring 

region. 

Miltsios et al. [154] 1989 Investigation of mixed 

lubrication in ring-liner 

conjunction using half-

Sommerfeld condition. 

Good agreement was observed 

between numerical and experimental 

results in ring friction. Using half-

Sommerfeld condition, the finite 

element formulation was faster and 

easy analysis. 

Richardson et al. [155]  1992 Theoretical and experimental 

study of lubricant film in 

ring-liner interface. 

Using Reynolds boundary condition, 

the numerical data showed good 

correlation with the experimental 

data. 

Arcoumanis et al. [22] 1995 Experimental and numerical 

investigation of cavitation in 

a ring-liner test rig. 

Swift-Stieber (or Reynolds) model 

showed good agreement between 

numerical predictions of film and 

measurements, apart from the dead 

centers. 

Priest et al.[24]  1996 Theoretical analysis of 

cavitation conditions in ring-

liner conjunction.  

The classic Reynolds equation need 

suitable boundary conditions for 

cavitation phenomenon in piston 

rings conjunction. The experiments 

results showed that more emphasis 

should be given in film rupture 

point. 

Sawicki el al. [25] 2000 Numerical analysis of 

cavitation phenomenon in a 

ring-liner system using JFO 

boundary conditions. 

Including cavitation algorithm with 

JFO conditions, the friction results 

showed better correlation related to 

the classic Reynolds model. 

Priest et. al. [23] 2000 Comparison of different 

cavitation algorithms in 

piston rings conjunction. 

Reynolds with fluid reformation 

conditions provides well predictions 

under higher load transient 

lubrication regimes. Elrod model 

shows good predictions at low load 

transient lubrication conditions. 

Bolander et al. [156] 2005 Two-dimensional analysis of 

ring-liner tribosystem 

including Elrod model and 

asperity contact model.  

The effect of load and speed on ring 

friction was investigated. Under 

different lubrication regimes, the 

computed friction results were 

identical with measurements.  

Felter et al. [157] 2008 Development of a 2D free The open cavitation exit boundary 
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surface code that solves the 

time dependent compressible 

Navier–Stokes equations for 

piston rings lubrication. 

condition was assumed in their 

model, which is more applicable for 

the complicated multi-variate 

problem of piston ring. 

Chong et al. [26] 2011 Analysis of cavitation flow 

in the ring-liner interface 

using JFO cavitation 

boundary conditions 

Lubrication rupture formed at the 

ring contact exit during the 

compression stroke reduces the 

lubricant amount at TDC reversal, 

leading to starved conditions. 

Ausas et al. [158] 2014 One dimensional numerical 

analysis by means of a finite 

volume scheme for 

cavitation flow in piston ring 

conjunction. 

The finite volume method (FVM) 

has been proven to be very effective 

for solving ring-liner lubrication 

problem, because it enables to 

impose local and global flow 

conservation in the discrete 

formulation. 

Shahmohamadi et al. [27, 

29] 

2015 Analysis of cavitation flow 

in the ring-liner interface 

using Navier-Stokes 

equation, vapour transport 

model and thermal effects. 

Cavitation flow affect load carrying 

capacity and boundary friction 

within the lubricated contact. 
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B1. Fluid-Structure Interaction (FSI) Solution in ANSYS  

Multiphysics Environment 

 

! /TITLE OF ANALYSIS: FLUID-STRUCTURE INTERACTION SOLUTION AT 

A GIVEN CRANK ANGLE FOR UPSTROKE PISTON MOTION 

 

/INPUT, C:\ TOP COMPRESSION FSI CODE\RING-LINER INPUT 

GEOMETRY.TXT 

 

/INPUT, C:\ TOP COMPRESSION FSI CODE\RING BALANCE 

CRITERION.TXT 

 

! CREATE PHYSICS ENVIRONMENT FOR FLUID SOLUTION 

 

 

ET,1,141 !FLUID141 ELEMENT 

ET,2,0 

 

!SET LAMINAR FLOW 

FLDATA,SOLU,FLOW,T 

 

!SET THE GLOBAL ITERATIONS MAX NUMBER TO 600 

FLDATA2,ITER,EXEC,600 

                       

!SET THE MAXIMUM ALLOWED ERROR TO 1E-6 FOR THE DOF OF PRESSURE 

FLDATA3,TERM,PRES,1E-6 

                       

!DEFINE CONSTANT DENSITY 

FLDATA7,PROT,DENS,CONSTANT 

                       

!DEFINE DENSITY VALUE 

FLDATA8,NOMI,DENS,DENSITY 

 

 

!DEFINE VISCOSITY MODEL 



Tribology of Top Compression Ring 

Anastasios Zavos                     188 
 

FLDATA7,PROT,VISC,CONSTANT 

                       

!DEFINE THE NEWTONIAN VISCOSITY 

FLDATA8,NOMI,VISC,VISCOSITY 

                                          

!OUTPUT INCLUDES TOTAL PRESSURE 

FLDATA5,OUTP,PTOT,TRUE 

    

!OUTPUT INCLUDES SHEAR STRESS 

FLDATA5,OUTP,TAUW,TRUE 

                       

  

!SET THE REFERENCE PRESSURE 

FLDATA15,PRES,REFE,101325 

 

 

 

!INPUT FLOW BOUNDARY CONDITIONS 

 

CMSEL,S,STOMIA 

    

D,ALL,PRES,0 

 

ALLS 

 

CMSEL,S,KYLINDROS 

 

D,ALL,VX,0 

D,ALL,VY,0 

 

ALLS 

 

CMSEL,S,PISTONI 

 

D,ALL,VX,0 

D,ALL,VY,V (PISTON LINEAR VELOCITY) 

D,ALL,VZ,0 
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ALLS 

 

!RING PROFILE AS MOVING WALL 

 

LSEL,S,,,4 

NSLL,S,1 

D,ALL,VX,0 

D,ALL,VY,V !PISTON LINEAR VELOCITY 

D,ALL,VZ,0 

D,ALL,ENKE,-1 

 

ALLS 

 

!INPUT IN-CYLINDER PRESSURE  

 

LSEL,S,,,2 !UPPER PROFILE OF RING 

LSEL,A,,,3 !LEADING EDGE OF RING 

NSLL,S,1 

D,ALL,PRES,P1 

 

ALLS 

 

!INPUT ELASTIC AND BACK GAS PRESSURES 

 

LSEL,S,,,1 

NSLL,S 

D,ALL,PRES,P2 

 

ALLS 

 

!INPUT OUTLET PRESS 

 

LSEL,S,,,5 

NSLL,S 

D,ALL,PRES,P3 

 

ALLS 
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/TITLE, FLUID ANALISIS OF RING 

 

PHYSICS,WRITE,FLUID,FLUID 

 

 

SAVE 

 

!CREATE PHYSICS ENVIRONMENT FOR RING STRUCTURAL 

 

PHYSICS,CLEAR 

 

ET,1,0 

ET,2,182 !PLANE182 ELEMENT 

 

! STRUCTURAL INTEGRITY PROPERTIES 

 

KEYOPT,2,3,2 

 

MP,EX,2,201E+9 

MP,PRXY,2,0.33 

 

! BOUNDARY CONDITION BETWEEN RING AND PISTON GROOVE 

 

LSEL,S,,,20 

LSEL,A,,,21 

LSEL,A,,,22 

NSLL,S,1 

 

D,ALL,UX,0 

D,ALL,UY,0 

 

 

ALLS 

 

/TITLE,STRUCTURAL ANALISIS OF RING 
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PHYSICS,WRITE,STRUC,STRUC 

 

SAVE 

 

PHYSICS,CLEAR 

 

 

!FLUID-STRUC INTERACTION LOOP 

 

LOOP=25 

TOLER=0.005 

 

*DIM,DISMAX,ARRAY,LOOP 

*DIM,STRCRI,ARRAY,LOOP 

*DIM,INDEX,ARRAY,LOOP 

 

*DO,I,1,LOOP 

 

/SOLU   

 

PHYSICS,READ,FLUID 

*IF,I,NE,1,THEN 

 

FLDATA,ITER,EXEC,100 

 

*ENDIF 

 

SOLVE 

 

 

/POST1 

 

SET,LAST 

 

! HALF SOMMERFELD CONDITION 
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NSEL,S,PRES,,0 

NSEL,INVERT 

DNSOL,ALL,PRES,,0 

 

!PRESSURE FIELD SOLUTION 

 

PLNSOL,PRES 

/SHOW,JPEG 

/REPLOT 

/SHOW,CLOSE 

EPLOT 

/SOLU 

 

FINI 

 

PHYSICS,READ,STRUC 

 

*IF,I,GT,1,THEN 

PARSAVE,ALL 

RESUME 

PARRESUME 

/PREP7 

ANTYPE,STAT,REST 

FINI 

*ENDIF 

 

/SOLU 

 

CMSEL,S,ELATIRIO 

 

LDREAD,PRES,LAST,,,,,rfl 

 

ALLS 

 

SOLVE 

 

/POST1  
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SET,LAST 

 

!VON MISES STRESS SOLUTION 

 

PLNSOL,S,EQV  

/SHOW,JPEG 

/REPLOT 

/SHOW,CLOSE 

EPLOT 

 

 

/SOLU 

 

*IF,I,EQ,1,THEN 

SAVE 

*ENDIF 

FINI 

/POST1 

CMSEL,S,ELATIRIO 

NSORT,U,SUM,1,1 

 

*GET,DISMAX(I),SORT,0,MAX 

STRCRI(I)=TOLER*DISMAX(I) 

 

ALLS 

FINI 

 

CMSEL,S,ELATIRIO 

NLIST 

ALLSEL  

 

FINI 

 

/PREP7 

 

ALLSEL 

DAMORPH,4,,2 !NODES DISPLACEMENT 
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!CONVERGENCE CRITERION FOR RING DISPLACEMENT 

 

IMAX=I 

INDEX(I)=I 

*IF,I,GT,1,THEN 

STRCRI(I)=ABS(DISMAX(I)-DISMAX(I-1))-TOLER*DISMAX(I-1) 

*IF,STRCRI(I),LE,0,THEN 

   STRCRI(I)=0 

  *EXIT 

 *ENDIF 

*ENDIF 

 

*ENDDO 

 

SAVE 

 

!EXPORT VISCOUS FRICTION RESULTS  

 

PHYSICS,READ,FLUID 

 

/POST1 

SET,LAST 

 

CMSEL,S,RING WALL 

 

INTSRF,TAUW 

 

*GET,FRICTION,INTSRF,0,TAUW,FY 

 

FRICTION=2*PI*RO*(-FRICTION) 

 

FINI 

 

/FILNAME,APOTELESMA%PHI%,1 
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!EXPORT VON-MISES STRESS RESULTS  

 

PHYSICS,READ,STRUC 

 

/POST1 

SET,LAST 

 

CMSEL,S,ELATIRIO 

PLNSOL,S,EQV 

 

 

! NEXT CRANK ANGLE SOLUTION 

 

FINI 

 

PARSAVE,ALL 

/CLE 

PARRESUME 

*SET,DISMAX 

*SET,STRCRI 

*SET,INDEX 

*ENDDO 
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Appendix C  

C1. Rheology properties of SAE 5W30 and SAE 10W40 
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Appendix D  

 

D1. Photograph of the piston assembly of a single-cylinder, two 

stroke motor engine after 4000 hours 
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D2. Two-Stroke engine data 

Parameter Value Unit 

Motorbike engine type Two-stroke,air cooled ── 

Motorbike volume 50 cc 

Compression ratio 6.3:1 ── 

Engine stroke length 37.8 mm 

Nominal bore diameter 41 mm 

Crank-pin radius 25 mm 

Idle rotational speed 1000 rpm 

Maximum rotational speed 5000 rpm 

Piston top land height 2.6 mm 

Compression ring thickness 2 mm 

Compression ring radial width 2 mm 

Piston-ring end gap 0.15 mm 

Ring grooves distance 2.6 mm 

Compression ring surface roughness (Ra) 0.1 μm 

Compression ring base material Cast iron ── 

Compression ring coating material Chromium plated ── 

Cylinder liner base material Cast iron ── 
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Appendix E 

E1. Hilbert-Huang Transform (HHT) 

 

Hilbert-Huang Transform (HHT) is a time-frequency analysis technique introduced 

by Huang to process non-stationary signals. It combines the Hilbert transform and the 

Empirical Mode Decomposition (EMD). For non-stationary signals, this method was 

used for reducing the noise of strain measurements. The procedure was implemented 

in MATLAB. The main interest of the EMD is to consider the features of the analyzed 

signal, which are oscillations on determining the IMFs by using an iterative process. 

This explains that the time-scale of the decomposition will automatically be adapted 

to the dynamic of the analyzed signal. The following procedure for a signal x(t) and 

their mean value m1(t) is followed: 

( ) ( ) ( )h t x t m t= −         (E.1)      

1( )x t c r− =          (E.2) 

Setting r as new x(t), repeat above steps and then obtain the 2nd   IMF2 c ,the 3rd IMF 

3 c …, until n c or r satisfies the stopping criterion. Then, x(t) can be decomposed 

into: 

1

( )
N

i

i

x t c r
=

= +         (E.3) 

For each IMF, the Hilbert transform is defined as: 

1 ( )
[ ( )]

1

c
H c t d




 

+

−

=
−        (E.4) 

Construct the analytic signal is 

( )( ) ( ) [ ( )] ( ) j tz t c t jH c t a t e = + =       (E.5) 

The amplitude function is given as: 

2 2( ) ( ) [ ( )]a t c t H c t= +        (E.6) 

Instantaneous frequency of the IMF component is defined as: 

1 ( )
( )

2

d t
f t

dt




=         (E.7) 
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Afterwards, applying the Hilbert transform in each IMF, it is obtained as: 

1

( ) Re ( )
N

j t

i

i

s t a t e 

=

=          (E.8) 

and the Hilbert spectrum (9) and the marginal spectrum (10) are expressed as: 

( )

1

( , ) Re ( )
N

j t dt

i

i

H t a t e



=

=         (E.9)   

0

( ) ( , )

T

h H t dT =                  (E.10) 

 

 


